MOHAMED SATHAK A.J. COLLEGE OF ENGINEERING Q

(Approved byAICTE, New Delhiand Affiliated to Anna University, Chennai) O A NiCe |
CertfedbyiRos QM 006

Course / Branch : B.E/MECHANICAL

Subject code . MES8593

Subject Name : DESIGN OF MACHINE ELEMENTS
Regulation : 2017

Year/ Semester 111 /V

UNIT | STEADY STRESSES AND VARIABLE STRESSES IN MACHINE MEMBERS

Introduction to the design process - factors influencing machine design, selection of materials based on
mechanical properties - Preferred numbers, fits and tolerances — Direct, Bending and torsional stress
equations — Impact and shock loading — calculation of principle stresses for various load combinations,
eccentric loading — curved beams — crane hook and ‘C’ frame- Factor of safety - theories of failure —
Design based on strength and stiffness — stress concentration — Design for variable loading.

UNIT Il SHAFTS AND COUPLINGS

Design of solid and hollow shafts based on strength, rigidity and critical speed — Keys, keyways and
splines - Rigid and flexible couplings.

UNIT 11l TEMPORARY AND PERMANENT JOINTS

Threaded fastners - Bolted joints including eccentric loading, Knuckle joints, Cotter joints — Welded
joints, riveted joints for structures - theory of bonded joints.

UNIT IV ENERGY STORING ELEMENTS AND ENGINE COMPONENTS

Various types of springs, optimization of helical springs - rubber springs - Flywheels considering stresses
in rims and arms for engines and punching machines- Connecting Rods and crank shafts.

UNIT V BEARINGS

Sliding contact and rolling contact bearings - Hydrodynamic journal bearings, Sommerfeld Number,
Raimondi and Boyd graphs, -- Selection of Rolling Contact bearings.




UNIT-1

Introduction

The subject Machine Design is the creation of new and better machines and improving the
existing ones. A new or better machine is one which is more economical in the overall cost of
production and operation. The process of design is a long and time consuming one. From the
study of existing ideas, a new idea has to be conceived. The idea is then studied keeping in
mind its commercial success and given shape and form in the form of drawings. In the
preparation of these drawings, care must be taken of the availability of resources in money, in
men and in materials required for the successful completion of the new idea into an actual
reality. In designing a machine component, it is necessary to have a good knowledge of many
subjects such as Mathematics, Engineering Mechanics, Strength of Materials, Theory of

Machines, Workshop Processes and Engineering Drawing.

Classifications of Machine Design

The machine design may be classified as follows:

1. Adaptive design. In most cases, the designer’s work is concerned with adaptation of
existing designs. This type of design needs no special knowledge or skill and can be
attempted by designers of ordinary technical training. The designer only makes minor
alternation or modification in the existing designs of the product.

2. Development design. This type of design needs considerable scientific training and design
ability in order to modify the existing designs into a new idea by adopting a new material or
different method of manufacture. In this case, though the designer starts from the existing
design, but the final product may differ quite markedly from the original product.

3. New design. This type of design needs lot of research, technical ability and creative
thinking. Only those designers who have personal qualities of a sufficiently high order can
take up the work of a new design. The designs, depending upon the methods used, may be
classified as follows:

(a) Rational design. This type of design depends upon mathematical formulae of principle of
mechanics.

(b) Empirical design. This type of design depends upon empirical formulae based on the
practice and past experience.

(¢) Industrial design. This type of design depends upon the production aspects to

manufacture any machine component in the industry.



(d) Optimum design. It is the best design for the given objective function under the specified
constraints. It may be achieved by minimising the undesirable effects.

(e) System design. It is the design of any complex mechanical system like a motor car.

(f) Element design. It is the design of any element of the mechanical system like piston,
crankshaft, connecting rod, etc.

(g) Computer aided design. This type of design depends upon the use of computer systems to

assist in the creation, modification, analysis and optimisation of a design.

General Considerations in Machine Design
Following are the general considerations in designing a machine component:

1. Type of load and stresses caused by the load. The load, on a machine component, may act
in several ways due to which the internal stresses are set up. The various types of load and

stresses are discussed later.

2. Motion of the parts or kinematics of the machine. The successful operation of any
machine depends largely upon the simplest arrangement of the parts which will give the
motion required.

The motion of the parts may be:

(@) Rectilinear motion which includes unidirectional and reciprocating motions.

(b) Curvilinear motion which includes rotary, oscillatory and simple harmonic.

(c) Constant velocity.

(d) Constant or variable acceleration.

3. Selection of materials. It is essential that a designer should have a thorough knowledge of
the properties of the materials and their behaviour under working conditions. Some of the
important characteristics of materials are: strength, durability, flexibility, weight, resistance to
heat and corrosion, ability to cast, welded or hardened, machinability, electrical conductivity,

etc. The various types of engineering materials and their properties are discussed later.

4. Form and size of the parts. The form and size are based on judgment. The smallest
practicable cross-section may be used, but it may be checked that the stresses induced inthe

designed cross-section are reasonably safe. In order to design any machine part for form and



Size, it is necessary to know the forces which the part must sustain. It is also important to

anticipate any suddenly applied or impact load which may cause failure.

5. Frictional resistance and lubrication. There is always a loss of power due to frictional
resistance and it should be noted that the friction of starting is higher than that of running
friction. It is, therefore, essential that a careful attention must be given to the matter of
lubrication of all surfaces which move in contact with others, whether in rotating, sliding, or

rolling bearings.

6. Convenient and economical features. In designing, the operating features of the machine
should be carefully studied. The starting, controlling and stopping levers should be located on
the basis of convenient handling. The adjustment for wear must be provided employing the
various take up devices and arranging them so that the alignment of parts is preserved. If
parts are to be changed for different products or replaced on account of wear or breakage,
easy access should be provided and the necessity of removing other parts to accomplish this
should be avoided if possible. The economical operation of a machine which is to be used for
production or for the processing of material should be studied, in order to learn whether it has

the maximum capacity consistent with the production of good work.

7. Use of standard parts. The use of standard parts is closely related to cost, because the cost
of standard or stock parts is only a fraction of the cost of similar parts made to order. The
standard or stock parts should be used whenever possible; parts for which patterns are already
in existence such as gears, pulleys and bearings and parts which may be selected from regular
shop stock such as screws, nuts and pins. Bolts and studs should be as few as possible to
avoid the delay caused by changing drills, reamers and taps and also to decrease the number

of wrenches required.

8. Safety of operation. Some machines are dangerous to operate, especially those which are
speeded up to insure production at a maximum rate. Therefore, any moving part of a machine
which is within the zone of a worker is considered an accident hazard and may be the cause
of an injury. It is, therefore, necessary that a designer should always provide safety devices
for the safety of the operator. The safety appliances should in no way interfere with operation

of the machine.



9. Workshop facilities. A design engineer should be familiar with the limitations of this
employer’s workshop, in order to avoid the necessity of having work done in some other
workshop. It is sometimes necessary to plan and supervise the workshop operations and to

draft methods for casting, handling and machining special parts.

10. Number of machines to be manufactured. The number of articles or machines to be
manufactured affects the design in a number of ways. The engineering and shop costs which
are called fixed charges or overhead expenses are distributed over the number of articles to be
manufactured. If only a few articles are to be made, extra expenses are not justified unless the
machine is large or of some special design. An order calling for small number of the product
will not permit any undue expense in the workshop processes, so that the designer should

restrict his specification to standard parts as much as possible.

11. Cost of construction. The cost of construction of an article is the most important
consideration involved in design. In some cases, it is quite possible that the high cost of an
article may immediately bar it from further considerations. If an article has been invented and
tests of handmade samples have shown that it has commercial value, it is then possible to
justify the expenditure of a considerable sum of money in the design and development of
automatic machines to produce the article, especially if it can be sold in large numbers. The
aim of design engineer under all conditions should be to reduce the manufacturing cost to the

minimum.

12. Assembling. Every machine or structure must be assembled as a unit before it can
function. Large units must often be assembled in the shop, tested and then taken to be
transported to their place of service. The final location of any machine is important and the

design engineer must anticipate the exact location and the local facilities for erection.

General Procedure in Machine Design
In designing a machine component, there is no rigid rule. The problem may be attempted in

several ways. However, the general procedure to solve a design problem is as follows:



| MNeed or Aim |
Synthesis (Mechanisms)

Analysis of forces

Material selection

Design of elements
(Size and stresses)

Modification
Detailed drawing

Production

Fig.1. General Machine Design Procedure
1. Recognition of need. First of all, make a complete statement of the problem, indicating the

need, aim or purpose for which the machine is to be designed.

2. Synthesis (Mechanisms). Select the possible mechanism or group of mechanisms which

will give the desired motion.

3. Analysis of forces. Find the forces acting on each member of the machine and the energy

transmitted by each member.
4. Material selection. Select the material best suited for each member of the machine.

5. Design of elements (Size and Stresses). Find the size of each member of the machine by
considering the force acting on the member and the permissible stresses for the material used.
It should be kept in mind that each member should not deflect or deform than the permissible

limit.



6. Modification. Modify the size of the member to agree with the past experience and
judgment to facilitate manufacture. The modification may also be necessary by consideration

of manufacturing to reduce overall cost.

7. Detailed drawing. Draw the detailed drawing of each component and the assembly of the

machine with complete specification for the manufacturing processes suggested.

8. Production. The component, as per the drawing, is manufactured in the workshop.

The flow chart for the general procedure in machine design is shown in Fig.

Note: When there are number of components in the market having the same qualities of
efficiency, durability and cost, then the customer will naturally attract towards the most
appealing product. The aesthetic and ergonomics are very important features which gives

grace and lustre to product and dominates the market.

Engineering materials and their properties

The knowledge of materials and their properties is of great significance for a design engineer.
The machine elements should be made of such a material which has properties suitable for
the conditions of operation. In addition to this, a design engineer must be familiar with the
effects which the manufacturing processes and heat treatment have on the properties of the
materials. Now, we shall discuss the commonly used engineering materials and their

properties in Machine Design.

Classification of Engineering Materials

The engineering materials are mainly classified as:
1. Metals and their alloys, such as iron, steel, copper, aluminum, etc.
2. Non-metals, such as glass, rubber, plastic, etc.
The metals may be further classified as:
(a) Ferrous metals and (b) Non-ferrous metals.
The *ferrous metals are those which have the iron as their main constituent, such as cast iron,

wrought iron and steel.



The non-ferrous metals are those which have a metal other than iron as their main

constituent, such as copper, aluminum, brass, tin, zinc, etc.

Selection of Materials for Engineering Purposes
The selection of a proper material, for engineering purposes, is one of the most difficult

problems for the designer. The best material is one which serves the desired objective at the
minimum cost. The following factors should be considered while selecting the material:

1. Availability of the materials,

2. Suitability of the materials for the working conditions in service, and

3. The cost of the materials.

The important properties, which determine the utility of the material, are physical, chemical
and mechanical properties. We shall now discuss the physical and mechanical properties of

the material in the following articles.

Physical Properties of Metals

The physical properties of the metals include luster, colour, size and shape, density, electric
and thermal conductivity, and melting point. The following table shows the important

physical properties of some pure metals.

Mechanical Properties of Metals
The mechanical properties of the metals are those which are associated with the ability of the

material to resist mechanical forces and load. These mechanical properties of the metal
include strength, stiffness, elasticity, plasticity, ductility, brittleness, malleability, toughness,

resilience, creep and hardness. We shall now discuss these properties as follows:

1. Strength. It is the ability of a material to resist the externally applied forces without
breaking or yielding. The internal resistance offered by a part to an externally applied force is

called stress.

2. Stiffness. It is the ability of a material to resist deformation under stress. The modulus of

elasticity is the measure of stiffness.



3. Elasticity. It is the property of a material to regain its original shape after deformation
when the external forces are removed. This property is desirable for materials used in tools

and machines. It may be noted that steel is more elastic than rubber.

4. Plasticity. It is property of a material which retains the deformation produced under load
permanently. This property of the material is necessary for forgings, in stamping images on

coins and in ornamental work.

5. Ductility. It is the property of a material enabling it to be drawn into wire with the
application of a tensile force. A ductile material must be both strong and plastic. The ductility
is usually measured by the terms, percentage elongation and percentage reduction in area.
The ductile material commonly used in engineering practice (in order of diminishing

ductility) are mild steel, copper, aluminium, nickel, zinc, tin and lead.

6. Brittleness. It is the property of a material opposite to ductility. It is the property of
breaking of a material with little permanent distortion. Brittle materials when subjected to

tensile loads snap off without giving any sensible elongation. Castiron is a brittle material.

7. Malleability. It is a special case of ductility which permits materials to be rolled or
hammered into thin sheets. A malleable material should be plastic but it is not essential to be
so strong. The malleable materials commonly used in engineering practice (in order of

diminishing malleability) are lead, soft steel, wrought iron, copper and aluminium.

8. Toughness. It is the property of a material to resist fracture due to high impact loads like
hammer blows. The toughness of the material decreases when it is heated. It is measured by
the amount of energy that a unit volume of the material has absorbed after being stressed upto

the point of fracture. This property is desirable in parts subjected to shock and impact loads.

9. Machinability. It is the property of a material which refers to a relative case with which a
material can be cut. The machinability of a material can be measured in a number of ways
such as comparing the tool life for cutting different materials or thrust required to remove the
material at some given rate or the energy required to remove a unit volume of the material. It

may be noted that brass can be easily machined than steel.



10. Resilience. It is the property of a material to absorb energy and to resist shock and impact
loads. It is measured by the amount of energy absorbed per unit volume within elastic limit.

This property is essential for spring materials.

11. Creep. When a part is subjected to a constant stress at high temperature for a long period
of time, it will undergo a slow and permanent deformation called creep. This property is

considered in designing internal combustion engines, boilers and turbines.

12. Fatigue. When a material is subjected to repeated stresses, it fails at stresses below the
yield point stresses. Such type of failure of a material is known as *fatigue. The failure is
caused by means of a progressive crack formation which are usually fine and of microscopic

size. This property is considered in designing shafts, connecting rods, springs, gears, etc.

13. Hardness. It is a very important property of the metals and has a wide variety of
meanings. It embraces many different properties such as resistance to wear, scratching,
deformation and machinability etc. It also means the ability of a metal to cut another metal.
The hardness is usually expressed in numbers which are dependent on the method of making
the test. The hardness of a metal may be determined by the following tests:

(a) Brinell hardness test,

(b) Rockwell hardness test,

(c) Vickers hardness (also called Diamond Pyramid) test, and

(d) Shore scleroscope.

Steel

It is an alloy of iron and carbon, with carbon content up to a maximum of 1.5%. The carbon
occurs in the form of iron carbide, because of its ability to increase the hardness and strength
of the steel. Other elements e.g. silicon, sulphur, phosphorus and manganese are also present
to greater or lesser amount to impart certain desired properties to it. Most of the steel
produced now-a-days is plain carbon steel or simply carbon steel. A carbon steel isdefined
as a steel which has its properties mainly due to its carbon content and does not contain more
than 0.5% of silicon and 1.5% of manganese.

The plain carbon steels varying from 0.06% carbon to 1.5% carbon are divided into the
following types depending upon the carbon content.

1. Dead mild steel — up to 0.15% carbon



2. Low carbon or mild steel — 0.15% to 0.45% carbon

3. Medium carbon steel — 0.45% to 0.8% carbon

4. High carbon steel — 0.8% to 1.5% carbon

According to Indian standard *[IS: 1762 (Part-1)-1974], a new system of designating the steel
is recommended. According to this standard, steels are designated on the following two basis:
(a) On the basis of mechanical properties, and (b) On the basis of chemical composition. We
shall now discuss, in detail, the designation of steel on the above two basis, in the following

pages.

Steels Designated on the Basis of Mechanical Properties
These steels are carbon and low alloy steels where the main criterion in the selection and

inspection of steel is the tensile strength or yield stress. According to Indian standard IS:
1570 (Part-1)- 1978 (Reaffirmed 1993), these steels are designated by a symbol ‘Fe’ or ‘Fe E’
depending on whether the steel has been specified on the basis of minimum tensile strength
or yield strength, followed by the figure indicating the minimum tensile strength or yield
stress in N/mm2. For example ‘Fe 290’ means a steel having minimum tensile strength of 290

N/mm2 and ‘Fe E 220’ means a steel having yield strength of 220 N/mmz2.

Steels Designated on the Basis of Chemical Composition
According to Indian standard, IS : 1570 (Part I1/Sec 1)-1979 (Reaffirmed 1991), the carbon

steels are designated in the following order :

(a) Figure indicating 100 times the average percentage of carbon content,

(b) Letter ‘C’, and

(c) Figure indicating 10 times the average percentage of manganese content. The figure after
multiplying shall be rounded off to the nearestinteger.

For example 20C8 means a carbon steel containing 0.15 to 0.25 per cent (0.2 per cent on
average) carbon and 0.60 to 0.90 per cent (0.75 per cent rounded off to 0.8 per cent on an

average) manganese.



Manufacturing considerations in Machine design
Manufacturing Processes

The knowledge of manufacturing processes is of great importance for a design engineer. The

following are the various manufacturing processes used in Mechanical Engineering.

1. Primary shaping processes. The processes used for the preliminary shaping of the
machine component are known as primary shaping processes. The common operations used
for this process are casting, forging, extruding, rolling, drawing, bending, shearing, spinning,

powder metal forming, squeezing, etc.

2. Machining processes. The processes used for giving final shape to the machine
component, according to planned dimensions are known as machining processes. The
common operations used for this process are turning, planning, shaping, drilling, boring,

reaming, sawing, broaching, milling, grinding, hobbing, etc.

3. Surface finishing processes. The processes used to provide a good surface finish for the
machine component are known as surface finishing processes. The common operations used
for this process are polishing, buffing, honing, lapping, abrasive belt grinding, barrel

tumbling, electroplating, super finishing, sheradizing, etc.

4. Joining processes. The processes used for joining machine components are known as
joining processes. The common operations used for this process are welding, riveting,

soldering, brazing, screw fastening, pressing, sintering, etc.

5. Processes effecting change in properties. These processes are used to impart certain
specific properties to the machine components so as to make them suitable for particular
operations or uses. Such processes are heat treatment, hot-working, cold-working and shot

peening.

Other considerations in Machine design
1. Workshop facilities.

2. Number of machines to be manufactured

3. Cost of construction



Stress

When some external system of forces or loads acts on a body, the internal forces (equal and
opposite) are set up at various sections of the body, which resist the external forces. This
internal force per unit area at any section of the body is known as unit stress or simply a

stress. It is denoted by a Greek letter sigma (o). Mathematically,

Stress, o = P/A

Where P = Force or load acting on a body, and
A = Cross-sectional area of the body.

In S.1. units, the stress is usually expressed in Pascal (Pa) such that 1 Pa =1 N/m?. In actual
practice, we use bigger units of stress i.e. megapascal (MPa) and gigapascal (GPa), such that
1 MPa =1 x 10° N/m? =1 N/mm?

And 1 GPa =1 x 10° N/m? = 1 kN/mm?

Strain
When a system of forces or loads act on a body, it undergoes some deformation. This
deformation per unit length is known as unit strain or simply a strain. It is denoted by a

Greek letter epsilon (¢). Mathematically,

Strain, &=9dl/1 or 6l = el
Where 61 = Change in length of the body, and
I= Original length of the body.

Tensile Stress and Strain

X
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Fig. Tensile stress and strain
When a body is subjected to two equal and opposite axial pulls P (also called tensile load) as

shown in Fig. (a), then the stress induced at any section of the body is known as tensile stress



as shown in Fig. (b). A little consideration will show that due to the tensile load, there will be
a decrease in cross-sectional area and an increase in length of the body. The ratio of the
increase in length to the original length is known as tensile strain.
Let P = Axial tensile force acting on the body,

A = Cross-sectional area of the body,

I = Original length, and

ol = Increase in length.

Then [ITensile stress, or = P/A

and tensile strain, g = 6l /|

Young's Modulus or Modulus of Elasticity
Hooke's law™ states that when a material is loaded within elastic limit, the stress is directly

proportional to strain, i.e.

G esf or og=EFEr
— G _,D.:
T & AxEl

where E is a constant of proportionality known as Young's modulus or modulus of elasticity.
In S.I. units, it is usually expressed in GPa i.e. GN/m? or kN/mm? It may be noted that

Hooke's law holds good for tension as well as compression.

The following table shows the values of modulus of elasticity or Young's modulus (E) for the
materials commonly used in engineering practice.

Values of E for the commonly used engineering materials.

Material Modulus of elasticity (E) in
GPai.e. GN/m? for kN/mm?

Steel and Nickel 200 to 220

Wrought iron 190 to 200

Cast iron 100 to 160

Copper 90 to 110

Brass 80 to 90

Aluminium 60 to 80

Timber 10




Shear Stress and Strain
When a body is subjected to two equal and opposite forces acting tangentially across the
resisting section, as a result of which the body tends to shear off the section, then the stress

induced is called shear stress.

~ L % ~ 5 %,
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Fig. Single shearing of a riveted joint.
The corresponding strain is known as shear strain and it is measured by the angular
deformation accompanying the shear stress. The shear stress and shear strain are denoted by

the Greek letters tau (1) and phi (¢) respectively. Mathematically,

Tangential force

Shear stress.[ | t

Resisting area

Consider a body consisting of two plates connected by a rivet as shown in Fig. (a). In this
case, the tangential force P tends to shear off the rivet at one cross-section as shown in Fig.
(b). 1t may be noted that when the tangential force is resisted by one cross-section of the rivet
(or when shearing takes place at one cross-section of the rivet), then the rivets are said to be

in single shear. In such a case, the area resisting the shear off the rivet,
A= EX d 2
4

And shear stress on the rivet cross-section

T:P: P 4P
A L 42 md?
4

Now let us consider two plates connected by the two cover plates as shown in Fig. (a). In this

case, the tangential force P tends to shear off the rivet at two cross-sections as shown in Fig.

(b). It may be noted that when the tangential force is resisted by two cross-sections of the



rivet (or when the shearing takes place at Two cross-sections of the rivet), then the rivets are

said to be in double shear. In such a case, the area resisting the shear off the rivet,

T
A=2x :1 x d 2 (For double shear)

and shear stress on the rivet cross-section.

P F 2P
A

Fig. Double shearing of a riveted joint.

Notes:
1. All lap joints and single cover butt joints are in single shear, while the butt joints with
double cover plates are in double shear.
2. In case of shear, the area invo ved is parallel to the external force applied.
3. When the holes are to be punched or drilled in the metal plates, then the tools used to
perform the operations must overcome the ultimate shearing resistance of the material to be
cut. If a hole of diameter ‘d’ is to be punched in a metal plate of thickness ‘t’, then the area to
be sheared,
A=nlldxt

And the maximum shear resistance of the tool or the force required to punch a hole,

P=Axt=mdxtxT

Where o,= Ultimate shear strength of the material of the plate.
Shear Modulus or Modulus of Rigidity

It has been found experimentally that within the elastic limit, the shear stress is directly

proportional to shear strain. Mathematically

T <@ or T=C.¢ or 1/0=C



Where 1= Shear stress,
¢! = Shear strain, and
C = Constant of proportionality, known as shear modulus or modulus of rigidity. It is

also denoted by N or G.

The following table shows the values of modulus of rigidity (C) for the materials in every day
use:

Values of C for the commonly used materials

Material Modulus of rigidity (C) in GPa i.e. GN/m? or kNmm?
Steel 80 to 100

Wrought iron 80 to 90

Cast iron 40 to 50

Copper 30 to 50

Brass 30to 50

Timber 10

Linear and Lateral Strain

Consider a circular bar of diameter d and length I, subjected to a tensile force P as shown in
Fig. (a).

) |_.734._| P "‘T."+ﬁf4." P

r -
- d-id —=

}
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Fig. Linear and lateral strain.
A little consideration will show that due to tensile force, the length of the bar increases by an
amount 8l and the diameter decreases by an amount dd, as shown in Fig. (b). similarly, if the
bar is subjected to a compressive force, the length of bar will decrease which will be followed

by increase in diameter.

It is thus obvious, that every direct stress is accompanied by a strain in its own direction
which is known as linear strain and an opposite kind of strain in every direction, at right

angles to it, is known as lateral strain.



4.18 Poisson's Ratio
It has been found experimentally that when a body is stressed within elastic limit, the lateral
strain bears a constant ratio to the linear strain, Mathematically,

LateralStrain
— = =Constant
LinearStrain

This constant is known as Poisson’s ratio and is denoted by 1/m or p.

Following are the values of Poisson's ratio for some of the materials commonly used in
engineering practice.

Values of Poisson’s ratio for commonly used materials

S.No. [Material Poisson 's ratio
(I/mor n)
1 Steel 0.25t00.33
2 Cast iron 0.23t0 0.27
3 Copper 0.31t00.34
4 Brass 0.32to 0.42
5 Aluminium 0.321t0 0.36
6 Concrete 0.08t0 0.18
7 Rubber 0.45to 0.50

Volumetric Strain
When a body is subjected to a system of forces, it undergoes some changes in its dimensions.
In other words, the volume of the body is changed. The ratio of the change in volume to the

original volume is known as volumetric strain. Mathematically, volumetric strain,
e,=NN

Where 8V = Change in volume, and V = Original volume

Notes : 1. Volumetric strain of a rectangular body subjected to an axial force is given as

v _ (. 2} _ _
&= 7 —E| 1—— | where £ = Linear strain.

-
=

2. Volumetric strain of a rectangular body subjected to three mutually perpendicular forces is

given by



= + +
& &y E:.' £

where &, &y and &; are the strains in the directions x-axis, y-axis and z-axis respectively.

Bulk Modulus
When a body is subjected to three mutually perpendicular stresses, of equal intensity, then the
ratio of the direct stress to the corresponding volumetric strain is known as bulk modulus. It

is usually denoted by K. Mathematically, bulk modulus,

Direct stress )

 Volumetric strain 8V /V

Relation Between Bulk Modulus and Young’s Modulus

The bulk modulus (K) and Young's modulus (E) are related by the following relation,

mE B E
3(m—2) 3(1-2uw

Relation between Young’s Modulus and Modulus of Rigidity
The Young's modulus (E) and modulus of rigidity (G) are related by the following relation,

mE E
T 2(m+D 20+ w

Factor of Safety
It is defined, in general, as the ratio of the maximum stress to the working stress.

Mathematically,
Factor of safety = Maximum stress/ Working or design stress
In case of ductile materials e.g. mild steel, where the yield point is clearly defined, the factor
of safety is based upon the yield point stress. In such cases,
Factor of safety = Yield point stress/ Working or design stress
In case of brittle materials e.g. cast iron, the yield point is not well defined as for ductile
materials. Therefore, the factor of safety for brittle materials is based on ultimate stress.
Factor of safety = Ultimate stress/ Working or design stress
This relation may also be used for ductile materials.

The above relations for factor of safety are for static loading.



Torsional Shear Stress

When a machine member is subjected to the action of two equal and opposite couples acting
in parallel planes (or torque or twisting moment), then the machine member is said to be
subjected to torsion. The stress set up by torsion is known as torsional shear stress. It is zero
at the centroidal axis and maximum at the outer surface. Consider a shaft fixed at one end and
subjected to a torque (T) at the other end as shown in Fig. As a result of this torque, every cross-
section of the shaft is subjected to torsional shear stress. We have discussed above that the
torsional shear stress is zero at the centroidal axis and maximum at the outer surface. The
maximum torsional shear stress at the outer surface of the shaft may be obtained from the

following equation:

Where 1t = Torsional shear stress induced at the outer surface of the shaft or maximum shear
stress,
r = Radius of the shaft,
T =Torque or twisting moment,
J = Second moment of area of the section about its polar axis or polar moment of
inertia,
C = Modulus of rigidity for the shaft material,
| = Length of the shaft, and

0 = Angle of twist in radians on a length I.

.
,

-——tp s ——-

|
d=2r

The above equation is known as torsion equation. It is based on the following assumptions:
1. The material of the shaft is uniform throughout.

2. The twist along the length of the shaft is uniform.

3. The normal cross-sections of the shaft, which were plane and circular before twist, remain

plane and circular after twist.



4. All diameters of the normal cross-section which were straight before twist, remain straight
with their magnitude unchanged, after twist.

5. The maximum shear stress induced in the shaft due to the twisting moment does not
exceed its elastic limit value.

Note: 1. Since the torsional shear stress on any cross-section normal to the axis is directly
proportional to the distance from the centre of the axis, therefore the torsional shear stress at a

distance x from the centre of the shaft is given by

2. From equation (i), we know that

I 7 J
= o TF'=1tx—
J r r
For a solid shaft of diameter (d), the polar moment of inertia,
T n ]
J =T +f,,——><rf4+—xn’4: wdt
XYY 64 64 32
Therefore,
T 2 T
T = Tx xd¥x T = X TX d

32 d
In case of a hollow shaft with external diameter (d,) and internal diameter (d;), the polar

moment of inertia,

n . \ ('lrﬂ
J — - [(@)* (d)*]andr— S
- 4 4]
F= xE () = ()= = Zocr| (o) =)
32 d, 16 d, |
T 3 4 [ cubetitting b — i)
- —x1(d,) 1-ih | Substituting, & =—+
16 | dy |

3. The expression (C x J) is called torsional rigidity of theshaft.
4. The strength of the shaft means the maximum torque transmitted by it. Therefore, in order
to design a shaft for strength, the above equations are used. The power transmitted by the

shaft (in watts) is given by

2aN.T 21 N )
P=———"=T.® N =
60 \ 60




Where T = Torque transmitted in N-m, and
® = Angular speed in rad/s.
Problem:
A shaft is transmitting 100 kW at 160 r.p.m. Find a suitable diameter for the shaft, if the
maximum torque transmitted exceeds the mean by 25%. Take maximum allowable shear

stress as 70 MPa.

Soluti::nn. Given : P=100 kW =100 % 10° W ; N=160rpm ; T,,=125T, . 1=70MPa
=70 N/mm-
Let T, ., — Mean torque transmitted by the shaft in N-m, and

d = Diameter of the shaft in nmym.
We know that the power transmitted (P),

100 % 16 = 27N Toey _ 20X 160X Tyggn _ o o
60 ED o mean
T = 100 x 103/16.76 = 5966.6 N-m

mean

and maximum torque transmitted,
T = 1.25 x 5966.6 = 7458 N-m = 7458 % 10° N-mm

X
We know that maximum torque (T, _ ).

7458 x 10°
ﬂr_’n

= xrxdi=— x70xd3=1375d"
16 16 e

7458 x 10°/13.75 =542.4 x 10° or d=81.5 mm Ans.

Bending Stress
In engineering practice, the machine parts of structural members may be subjected to static or

dynamic loads which cause bending stress in the sections besides other types of stresses such
as tensile, compressive and shearing stresses. Consider a straight beam subjected to a bending
moment M as shown in Fig.

The following assumptions are usually made while deriving the bending formula.

1. The material of the beam is perfectly homogeneous (i.e. of the same material throughout)

and isotropic (i.e. of equal elastic properties in all directions).

2. The material of the beam obeys Hooke’s law.

3. The transverse sections (i.e. BC or GH) which were plane before bending remain plane

after bending also.

4. Each layer of the beam is free to expand or contract, independently, of the layer, above or
below it.

5. The Young’s modulus (E) is the same in tension and compression.

6. The loads are applied in the plane of bending.
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A little consideration will show that when a beam is subjected to the bending moment, the
fibres on the upper side of the beam will be shortened due to compression and those on the
lower side will be elongated due to tension. It may be seen that somewhere between the top
and bottom fibres there is a surface at which the fibres are neither shortened nor lengthened.
Such a surface is called neutral surface. The intersection of the neutral surface with any
normal cross-section of the beam is known as neutral axis. The stress distribution of a beam
is shown in Fig. The bending equation is given by

M S_E

; VY R
Where M = Bending moment acting at the given section,
o = Bending stress,
I = Moment of inertia of the cross-section about the neutral axis,
y = Distance from the neutral axis to the extreme fibre,
E = Young’s modulus of the material of the beam, and
R = Radius of curvature of the beam.

From the above equation, the bending stress is given by
— 1: >< J—
° = 7R

Since E and R are constant, therefore within elastic limit, the stress at any point is directly
proportional to y, i.e. the distance of the point from the neutral axis.

Also from the above equation, the bending stress,

oM, M M
r - Ily Z
The ratio I/y is known as section modulus and is denoted by Z.
Notes: 1. the neutral axis of a section always passes through its centroid.
2. In case of symmetrical sections such as circular, square or rectangular, the neutral axis

passes through its geometrical centre and the distance of extreme fibre from the neutral axis



isy=d/ 2, whered is the diam e of square or
rectangular section.

3. In case of unsymmetrical sections such as L-section or T-section, the neutral axis does not
pass through its geometrical centre. In such cases, first of all the centroid of the section is
calculated and then the distance of the extreme fibres for both lower and upper side of the
section is obtained. Out of these two values, the bigger value is used in bending equation.
Problem:

A beam of uniform rectangular cross-section is fixed at one end and carries an electric motor
weighing 400 N at a distance of 300 mm from the fixed end. The maximum bending stress in
the beam is 40 MPa. Find the width and depth of the beam, if depth is twice that of width.

Solutiom. Given: W = 400 N ; L = 300 mm ;
o, =40 MPa =40 N/mm? ; h = 2b
The beam 1s shown 1n Fig. 5.7.
Let b = Width of the beam in mm,_ and
i = Depth of the beam 1n mm_
-, Section modulus,
b .k _b(@pr 20 .

1
6 6 3
Maximum bending moment (at the fixed end),

M = W.L=400 x 300=120 x 10° N-mm
We know that bending stress (Gb)._

7 =

M 120x10°x3 180 % 10°

40 =7 28 B
b =180 x 10°/40=45x 10° or b=16.5 mm Ans.
and h=2b=2x16.5=33 mm Ans.

Problem:
A cast iron pulley transmits 10 kW at 400 r.p.m. The diameter of the pulley is 1.2 metre and
it has four straight arms of elliptical cross-section, in which the major axis is twice the minor

axis. Determine the dimensions of the arm if the allowable bending stress is 15 MPa.

Solution. Given - P=10 kW =10 x 10° W ; N= 400 rp.m ; D=12 m= 1200 mm or
R =600 mm ; o, = 15 MPa= 15 N/mm’
Let T = Torque transnutted by the pulley.

We know that the power transmutted by the pulley (),



In N.T 2mx400xT

60 60
T =10 103/42 =238 N-m =238 = 10° N-mm

10 x 10° = =42T

Since the torque transnutted 1s the product of the tangential load and the radms of the pulley,
therefore tangential load acting on the pulley

T 238x10°
= - =777 _3967N
R 600

Since the pulley has four arms, therefore tangential load on each arm,
W =3967/4=992N
and maximum bending moment on the arm,
M =W xR=992x600=>59 520 N-mm
Let 2b = Minor axis in mum, and
2a = Major axis mmm =2 x 2b=4b __(Given)

. Section modulus for an elliptical cross-section,

T | s
Z=—xabh= ry (25 x b =n b mm’

4
We know that bending stress (o),
M _59520 18943
T T LR B
or b =18943/15=1263 or b=10.8mm
Minor axis, 2b =2 %108 =21.6 mm Ans.

and mMajor axis, 2a =2 %x2b=4x%108=432 mm Ans.



Principal Stresses and Principal Planes
In the previous chapter, we have discussed about the direct tensile and compressive stress as

well as simple shear. Also we have always referred the stress in a plane which is at right
angles to the line of action of the force. But it has been observed that at any point in a
strained material, there are three planes, mutually perpendicular to each other which carry
direct stresses only and no shear stress. It may be noted that out of these three direct stresses,
one will be maximum and the other will be minimum. These perpendicular planes which
have no shear stress are known as principal planes and the direct stresses along these planes
are known as principal stresses. The planes on which the maximum shear stress act are

known as planes of maximum shear.

Determination of Principal Stresses for a Member Subjected to Bi-axial Stress

When a member is subjected to bi-axial stress (i.e. direct stress in two mutually perpendicular
planes accompanied by a simple shear stress), then the normal and shear stresses are obtained
as discussed below:

Consider a rectangular body ABCD of uniform cross-sectional area and unit thickness
subjected to normal stresses o1 and o» as shown in Fig. (a). In addition to these normal
stresses, a shear stress T also acts. It has been shown in books on ‘Strength of Materials’ that
the normal stress across any oblique section such as EF inclined at an angle 6 with the
direction of o2, as shown in Fig. (a), is given by

c, = ©1 ;G] + 1 : 92 cos 268 + T sin 26 (7

And tangential stress (i.e. shear stress) across the section EF,

T, = = (0;— 0,) sin 26 — T cos 26 e

o | e

Since the planes of maximum and minimum normal stress (i.e. principal planes) have no
shear stress, therefore the inclination of principal planes is obtained by equating 11 = 0 in the

above equation (ii), i.e.

1 )
E (0;—0y)smn26—Tcos 20=0

h

tan 26 = ——— (i)
'U]_ — 52
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(5) Direct stress in one plane accompanied
by a simple shear stress.

Fig. Principal stresses for a member subjected to bi-axial stress

We know that there are two principal planes at right angles to each other. Let 01 and 6, be the

inclinations of these planes with the normal cross-section. From the following Fig., we find

that

21

sin 28 —

=2 2
J(cl -0y +4T

and

Also

and




The maximum and minimum principal stresses may now be obtained by substituting the
values of sin 26 and cos 20 in equation (i).

So, Maximum principal (or normal) stress,

o] + ]
2
And minimum principal (or normal) stress,

1 2 2 .
Grl = +?J(Gl_ Gj)_+4T_ .__[fq‘}

gy + O3 1 2 2
Cp =" 5 3 \’(‘31 —0y) +4r1 (M)
The planes of maximum shear stress are at right angles to each other and are inclined at 45°
to the principal planes. The maximum shear stress is given by one-half the algebraic

difference between the principal stresses, i.e.

o;—0, 1

ax 2
Notes: 1. when a member is subjected to direct stress in one plane accompanied by a simple

shear stress, then the principal stresses are obtained by substituting 6> = 0 in equation (iv), (V)
and (vi).

G 1 . j
G. = —1+—(-,|Jr’t31}3+41:3'
3 - - ', y

G 1 . j
Gp = Al—_}[ (61_}q|4rj'

1 \f—]
— Y L L
Max ~ L {Gl :I + 4 T
17 1 42 2
£ E— LGIJ+4Ti|

Therefore the nature of o will be opposite to that of oy, i.€. if ou is tensile then o will be

~
|

2. In the above expression of ot2, the value o is more than ¢1/2

compressive and vice-versa.

Application of Principal Stresses in Desioning Machine Members

There are many cases in practice, in which machine members are subjected to combined
stresses due to simultaneous action of either tensile or compressive stresses combined with
shear stresses. In many shafts such as propeller shafts, C-frames etc., there are direct tensile

or compressive stresses due to the external force and shear stress due to torsion, which acts



normal to direct tensile or compressive stresses. The shafts like crank shafts, are subjected
simultaneously to torsion and bending. In such cases, the maximum principal stresses, due to
the combination of tensile or compressive stresses with shear stresses may be obtained. The

results obtained in the previous article may be written as follows:

A

1. Maximum tensile stress,

Ljr(ma\.j -

e |

2. Maximum compressive stress,

Gr_,. | 1 |: f 2 2
elmax) 4 ? {Gf'} i _I
1 I|' 5
Trrm.r. = T |: :Gr }_ B _I- rl:|

8]

3. Maximum shear stress,

Where o = Tensile stress due to direct load and bending,

oc = Compressive stress, and

T = Shear stress due to torsion.
Notes: 1. When t = 0 as in the case of thin cylindrical shell subjected in internal fluid
pressure, then Gimax = Gt
2. When the shaft is subjected to an axial load (P) in addition to bending and twisting
moments as in the propeller shafts of ship and shafts for driving worm gears, then the stress
due to axial load must be added to the bending stress (ob). This will give the resultant tensile

stress or compressive stress (ot or o¢) depending upon the type of axial load (i.e. pull or push).

Problem:
A shaft, as shown in Fig., is subjected to a bending load of 3 kN, pure torque of 1000 N-m

and an axial pulling force of 15 kN. Calculate the stresses at A and B.

3kN

“

a |
% £
7 A 1SkN

—%Z——— 50 mm Dig -———M—— — -

B Y 1000 N=-m

He— 250 mm —>—|



Design of Machine Members-I Unit-1

Lecture Notes — 10

Solution. Given : W = 3 kN = 3000 N ;
T=1000 N-m =1 x 10° N-mm ; P = 15 kN
=15%x10° N :d =50 mm; x =250 mm

We know that cross-sectional area of the shaft,

T
A=—xd?
4

T . 2
=7 (50)* = 1964 mm*
.~ Tensile stress due to axial pulling at points 4 and B.

P 15x10° )
- — ——— = 7.64 ¥/mm- — 7.64 MPa

c
¢ 4 1964

Bending moment at points 4 and B,
M = W.x=3000x 250 =750 » 10* N-mm

Section modulus for the shaft,
o m
Zz =_—-<d3=—_{5{}:}3
32 32
=1227 =103 mm3

.. Bending stress at points 4 and B.
M 750x10°

6, =—=——+
bz 1227x10°

=61.1 N/mm? = 61.1 MPa

This bending stress is tensile at point 4 and
compressive aft point B.
.. Resultant tensile stress at point 4.
G, =G, +6,=61.1+7.64
= 68.74 MPa
and resultant compressive stress at point B.
3~ 6, ©,—6l.1 7.64—5345MPa
We know that the shear stress at points 4 and B due to the forque transmitted.
16T _16x1x10° |
rd m(s0)

-

= 40.74 N/nun® = 40.74 MFa T



Stresses at poinf A
We know that maximum principal (or normal) stress at point 4.
_Ga 1 [ [ 2 2 }
Camay = 5 +§ (G ) +41
68.74

R é [J(ﬁs.mf +4 (40.74)2]

= 34.37 + 53.3 = 87.67 MPa (tensile) Ans.
Minimum principal (or normal) stress at point 4,

_ Oy 1[{ 2 z}_ B
GA{mm} = 3 (C’-A) +41 = 34,37 - 53.3 =—18.93 MPa

2 2
= 18.93 MPa (compressive ) Ans.

and maximum shear stress at point 4.

Tamay = & [J(aﬂf + 41 ] =1 [J(ﬁa.mf + 4 (40.74) ]

= 53.3 MPa Ans.

Stresses at point B
We know that maximum principal (or normal) stress at point B.

g, 1] ] 2 1]
GB(max}=—+E[ (og) t4r1

2

N % ! é N (53.46) + 4 (4074}2]

= 26.73 +48.73 = 75.46 MPa (compressive) Ans.

Minimum principal {or normal) stress at point B,

i 1 " ) 7
IGBl::ll:l.m'l} = T - EI: (GB)— t4T :|

=26.73 —48.73 =— 22 MPa
= 22 MPa (tensile) Ans.

and maxiimum shear stress at point B,

Ty — %I:J(O’B)?' +41 ] =1 [\/(53.46)2 + 4 (40.74) ]

= 48.73 MPa Ans.




Stress Concentration:

Whenever a machine component changes the shape of its cross-section, the simple stress
distribution no longer holds good and the neighborhood of the discontinuity is different. His
irregularity in the stress distribution caused by abrupt changes of form is called stress
concentration. It occurs for all kinds of stresses in the presence of fillets, notches, holes,
keyways, splines, surface roughness or scratches etc. In order to understand fully the idea of
stress concentration, consider a member with different cross-section under a tensile load as
shown in Fig. A little consideration will show that the nominal stress in the right and left
hand sides will be uniform but in the region where the cross-section is changing, a re-
distribution of the force within the member must take place. The material near the edges is
stressed considerably higher than the

average value. The maximum stress

occurs at some point on the fillet and is

directed parallel to the boundary at that

point. Fig. Stress concentration

Theoretical or Form Stress Concentration Factor
The theoretical or form stress concentration factor is defined as the ratio of the maximum
stress in a member (at a notch or a fillet) to the nominal stress at the same section based upon
net area. Mathematically, theoretical or form stress concentration factor,
Ki = Maximum stress/ Nominal stress

The value of K; depends upon the material and geometry of the part. In static loading,
stress concentration in ductile materials is not so serious as in brittle materials, because in
ductile materials local deformation or yielding takes place which reduces the concentration.
In brittle materials, cracks may appear at these local concentrations of stress which will
increase the stress over the rest of the section. It is, therefore, necessary that in designing
parts of brittle materials such as castings, care should be taken. In order to avoid failure due

to stress concentration, fillets at the changes of section must be provided.

In cyclic loading, stress concentration in ductile materials is always serious because
the ductility of the material is not effective in relieving the concentration of stress caused by
cracks, flaws, surface roughness, or any sharp discontinuity in the geometrical form of the

member. If the stress at any point in a member is above the endurance limit of the material, a



crack may develop under the action of repeated load and the crack will lead to failure of the

member.

Stress Concentration due to Holes and Notches

Consider a plate with transverse elliptical hole and subjected to a tensile load as shown in

Fig.1(a). We see from the stress-distribution that the stress at the point away from the hole is

practically uniform and the maximum stress will be induced at the edge of the hole. The

maximum stress is given by

And the theoretical stress concentration factor,

T
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Fig.1. Stress concentration due to holes.

The stress concentration in the notched tension member, as shown in Fig. 2, is influenced by

the depth a of the notch and radius r at the bottom of the notch. The maximum stress, which

applies to members having notches that are small in comparison with the width of the plate,

may be obtained by the following equation,

( 2a )
5 = cs| 1+2
Max | P J

Fig.2. Stress concentration due to notches.



Methods of Reducing Stress Concentration
Whenever there is a change in cross-section, such as shoulders, holes, notches or keyways

and where there is an interference fit between a hub or bearing race and a shaft, then stress
concentration results. The presence of stress concentration can not be totally eliminated but it
may be reduced to some extent. A device or concept that is useful in assisting a design
engineer to visualize the presence of stress concentration and how it may be mitigated is that
of stress flow lines, as shown in Fig.3. The mitigation of stress concentration means that the

stress flow lines shall maintain their spacing as far as possible.

{c) Preferred (d) Preferred
Fig.3
In Fig. 3 (a) we see that stress lines tend to bunch up and cut very close to the sharp re-entrant
corner. In order to improve the situation, fillets may be provided, as shown in Fig. 3 (b) and

(c) to give more equally spaced flow lines.

(z1) Poor (#) Good (c) Preferred

Fig. reducing stress concentration in cylindrical members with shoulders
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(a) Poor (h) Preferred

Fig. Reducing stress concentration in cylindrical members with holes.
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Fig. Reducing stress concentration in cylindrical members with holes



Completely Reversed or Cyclic Stresses
Consider a rotating beam of circular cross-section and carrying a load W, as shown in Figl.

This load induces stresses in the beam which are cyclic in nature. A little consideration will
show that the upper fibres of the beam (i.e. at point A) are under compressive stress and the
lower fibres (i.e. at point B) are under tensile stress. After half a revolution, the point B
occupies the position of point A and the point A occupies the position of point B. Thus the
point B is now under compressive stress and the point A under tensile stress. The speed of
variation of these stresses depends upon the speed of the beam.

From above we see that for each revolution of the beam, the stresses are reversed
from compressive to tensile. The stresses which vary from one value of compressive to the
same value of tensile or vice versa, are known as completely reversed or cyclic stresses. The
stresses which vary from a minimum value to a maximum value of the same nature, (i.e.
tensile or compressive) are called fluctuating stresses. The stresses which vary from zero to
a certain maximum value are  called repeated stresses. The stresses which vary from a
minimum value to a maximum value of the opposite nature (i.e. from a certain minimum
compressive to a certain maximum tensile or from a minimum tensile to a maximum
compressive) are called alternating stresses.

W
' I

B

Fig.1. Shaft subjected to cyclic load

Fatigue and Endurance Limit
It has been found experimentally that when a material is subjected to repeated

stresses; it fails at stresses below the yield point stresses. Such type of failure of a material is
known as fatigue. The failure is caused by means of a progressive crack formation which are
usually fine and of microscopic size. The failure may occur even without any prior indication.
The fatigue of material is effected by the size of the component, relative magnitude of static

and fluctuating loads and the number of load reversals.
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Fig.2. Time-stress diagrams.

In order to study the effect of fatigue of a material, a rotating mirror beam method is
used. In this method, a standard mirror polished specimen, as shown in Fig.2 (a), is rotated in
a fatigue testing machine while the specimen is loaded in bending. As the specimen rotates,
the bending stress at the upper fibres varies from maximum compressive to maximum tensile
while the bending stress at the lower fibres varies from maximum tensile to maximum
compressive. In other words, the specimen is subjected to a completely reversed stress cycle.
This is represented by a time-stress diagram as shown in Fig.2 (b). A record is kept of the
number of cycles required to produce failure at a given stress, and the results are plotted in
stress-cycle curve as shown in Fig.2 (c). A little consideration will show that if the stress is
kept below a certain value as shown by dotted line in Fig.2 (c), the material will not fail
whatever may be the number of cycles. This stress, as represented by dotted line, is known as
endurance or fatigue limit (ce) It is defined as maximum value of the completely reversed
bending stress which a polished standard specimen can withstand without failure, for infinite
number of cycles (usually 107 cycles).

It may be noted that the term endurance limit is used for reversed bending only while

for other types of loading, the term endurance strength may be used when referring the



fatigue strength of the material. It may be defined as the safe maximum stress which can be
applied to the machine part working under actual conditions.

We have seen that when a machine member is subjected to a completely reversed
stress, the maximum stress in tension is equal to the maximum stress in compression as
shown in Fig.2 (b). In actual practice, many machine members undergo different range of
stress than the completely reversed stress. The stress verses time diagram for fluctuating
stress having values omin and omax IS Shown in Fig.2 (e). The variable stress, in general, may
be considered as a combination of steady (or mean or average) stress and a completely
reversed stress component V. The following relations are derived from Fig. 2 (e):

1. Mean or average stress,

_ max + G-;' nin

For repeated loading, the stress varies from maximum to zero (i.e. smin = 0) in each cycle as

shown in Fig.2 (d).

3. Stress ratio, R = oma/omin. FOr completely reversed stresses, R = — 1 and for repeated
stresses, R = 0. It may be noted that R cannot be greater than unity.
4. The following relation between endurance limit and stress ratio may be used

~

L8]

] &

o
¢ 2-R

Effect of Loading on Endurance Limit—L oad Factor
The endurance limit (ce) of a material as determined by the rotating beam method is for

reversed bending load. There are many machine members which are subjected to loads other
than reversed bending loads. Thus the endurance limit will also be different for different
types of loading. The endurance limit depending upon the type of loading may be modified as
discussed below:

Let K, = Load correction factor for the reversed or rotating bending load. Its value is
usually taken as unity.

Ka = Load correction factor for the reversed axial load. Its value may be taken as 0.8.



s = Load correction factor for the reversed torsional or shear load. Its value may be
taken as 0.55 for ductile materials and 0.8 for brittle materials.

.. Endurance limit for reversed bending load. o, =0,K,=0,
Endurance limit for reversed axizl load, G, =0.K,
and endurance limit for reversed torsional or shear load. T, =0k,

Effect of Surface Finish on Endurance Limit—Surface Finish Factor
When a machine member is subjected to variable loads, the endurance limit of the
material for that member depends upon the surface conditions. Fig. shows the values of

surface finish factor for the various surface conditions and ultimate tensile strength.
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When the surface finish factor is known, then the endurance limit for the material of
the machine member may be obtained by multiplying the endurance limit and the surface
finish factor. We see that for a mirror polished material, the surface finish factor is unity. In
other words, the endurance limit for mirror polished material is maximum and it goes on
reducing due to surface condition.

Let Ksar = Surface finish factor.

Then, Endurance limit,

Gel = Ga&'K:ur = GB'K!:'K:W = Us'K:ur - Kﬁ = 1}
...(For reversed bending load)
=oc K =0 K. K ...(For reversed axial load)

=t K =0 K.K ...(For reversed torsional or shear load)



Effect of Size on Endurance Limit—Size Factor

A little consideration will show that if the size of the standard specimen as shown in Fig.2 (a)
is increased, then the endurance limit of the material will decrease. This is due to the fact that
a longer specimen will have more defects than a smallerone.

Let K = Size factor.

Then, Endurance limit,

c,=0,xK_ ...(Considering surface finish factor also)
= Geﬁ'K:u:'"K_:: = I::I--az'K".,El"L;{.':rar'*ﬁ:.':: = Ge'ﬂ:ur'ﬂ:: I:- K!‘J = U
=0 K K =0 K K K. ...(For reversed axial load)
=t K K =0 KK K ... (For reversed torsional or shear load)

The value of size factor is taken as unity for the standard specimen having nominal diameter
of 7.657 mm. When the nominal diameter of the specimen is more than 7.657 mm but less
than 50 mm, the value of size factor may be taken as 0.85. When the nominal diameter of the

specimen is more than 50 mm, then the value of size factor may be taken as 0.75.

Effect of Miscellaneous Factors on Endurance Limit
In addition to the surface finish factor (Ksr), size factor (Ks;) and load factors Ky, Ka and K,
there are many other factors such as reliability factor (K;), temperature factor (Ky), impact factor
(Kji) etc. which has effect on the endurance limit of a material. Considering all these factors, the
endurance limit may be determined by using the following expressions:
1. For the reversed bending load, endurance limit,

¢ =0,K K KKK
2. For the reversed axial load, endurance limit,

o =0_K K _KKJK
3. For the reversed torsional or shear load, endurance limit,

o =1 K K KKK
In solving problems, if the value of any of the above factors is not known, it may be taken as
unity.
Relation between Endurance Limit and Ultimate Tensile Strength
It has been found experimentally that endurance limit (ce) of a material subjected to

fatigue loading is a function of ultimate tensile strength (o).



For steel, G, = 0.5 c,:
For cast steel, o, = 04 o,:
For cast won, o, = 0.35 g,:

For non-ferrous metals and alloys, ,=0.3 g,
Factor of Safety for Fatigue Loading
When a component is subjected to fatigue loading, the endurance limit is the criterion for
failure. Therefore, the factor of safety should be based on endurance limit. Mathematically,

Endurance limit stress a,
Factor of cafety (F.5)) = - - =
Design or working stress 0Oy

For steel, o,=08td%c,
a1, = Tndurance limit stress for completely reversed stress cycle, and

o, = Yield point stress.
Fatigue Stress Concentration Factor
When a machine member is subjected to cyclic or fatigue loading, the value of fatigue stress
concentration factor shall be applied instead of theoretical stress concentration factor. Since
the determination of fatigue stress concentration factor is not an easy task, therefore from
experimental tests it is defined as
Fatigue stress concentration factor,

x Endurance linit without stress concentration

f

Endurance limit with stress concentration

Notch Sensitivity
In cyclic loading, the effect of the notch or the fillet is usually less than predicted by the use

of the theoretical factors as discussed before. The difference depends upon the stress gradient
in the region of the stress concentration and on the hardness of the material. The term notch
sensitivity is applied to this behaviour. It may be defined as the degree to which the
theoretical effect of stress concentration is actually reached. The stress gradient depends
mainly on the radius of the notch, hole or fillet and on the grain size of the material. Since the
extensive data for estimating the notch sensitivity factor (q) is not available, therefore the
curves, as shown in Fig., may be used for determining the values of q for two steals. When
the notch sensitivity factor q is used in cyclic loading, then fatigue stress concentration factor
may be obtained from the following relations:

K, -1
K -1

Or
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KI} =1+g(K —1) ..[For tensile or bending stress]
And
Kﬁ =1+g(K_—1) ...[For shear siress]

Where K = Theoretical stress concentration factor for axial or bending loading, and

Kis = Theoretical stress concentration factor for torsional or shear loading.



Problem: Determine the thickness of a 120 mm wide uniform plate for safe continuous
operation if the plate is to be subjected to a tensile load that has a maximum value of 250 kN
and a minimum value of 100 kN. The properties of the plate material are as follows:
Endurance limit stress = 225 MPa, and Yield point stress = 300 MPa. The factor of safety

based on yield point may be taken as 1.5.

Let t = Thickness of the plate in mum.
: Area, A = b x t= 120 t mm?

We know that mean or average load,

W + W 250 + 100

W, = 5 =175kN=175x10° N
3
Mean stress. 0 = W = 175 <10 N/mm?
" 4 120¢
— i 2 -
Vaiable load, 17, = oo ~Ton _ 20210 _ 7540y _7510° N
w, 75x10° )
Variable stress, o, = —— = D=7 N/mm™
Y4 120¢
According to Soderberg’s formula,
1 o, o
FS. o, o,

1 175x10° . 75 x10° _486 278 7.64

1.5 120¢x 300 120¢x225 t £ t
t=T764=x15=1146say 11.5mm Amns.

Problem:

Determine the diameter of a circular rod made of ductile material with a fatigue strength
(complete stress reversal), ce = 265 MPa and a tensile yield strength of 350 MPa. The
member is subjected to a varying axial load from Wmin = — 300 x 10° N t0 Wax = 700 x 10°

N and has a stress concentration factor = 1.8. Use factor of safety as 2.0.

Let d = Diameter of the circular rod in mm.

Arca A = ;xd:' — 0.7851 4% mm?
We know that the mean or average load.
7 = Ponax + Woun _ 700 x10° + (— 300 x 10%)

=200x10° N

W, 200x10°  2546x10°

m

= — = - N'mm”
A 0.7834 4~ d-

Mean stress, G,




W, —W, ~ T00x10° —(-300x10°
Variable load, W, =—mo_—m = x ; X100 _ 500x10° N
o W, 500x10° 6365x10° __
. Warniable stress, g = = — = - N/mm
v A 07854 4° d’
We know that according to Soderberg's formula,
o =<K
1% (S XRy
FS§ o, o,
1_2546x10° 6365x10°x18 727 4323 _ 5050
2 d*x350 d* =265 d?  d? d?
d2=75050%2=10100 or d=100.5 mm Ans.

Problem:
A circular bar of 500 mm length is supported freely at its two ends. It is acted upon by a
central concentrated cyclic load having a minimum value of 20 kN and a maximum value of
50 kN. Determine the diameter of bar by taking a factor of safety of 1.5, size effect of 0.85,
surface finish factor of 0.9. The material properties of bar are given by: ultimate strength of
650 MPa, yield strength of 500 MPa and endurance strength of 350 MPa.

Solution. Given - /=500 mm : W =20kN=20=10°N:W__=50KkN=50=10°N:

FS =15:K_=085:K,_=09:0, =650 MPa = 650 N/mm’: 6= 500 MPa = 500 N/mm?:
o, =350 MPa = 350 N/mm’ |
Let d = Diameter of the bar in mm.

We know that the maximum bending moment,
v - H;mxfziﬂxlﬂgxiﬂﬂ

Max 4

= 6250 %10° N-mm

and minimum bending moment,

M - rﬁ;”.le _20x10° x 500 _ 2550 % 10° N -sam
.. Mean or average bending moment,
M, My ;rw _ 6250 x 10° :ESDDx 10° _ 4375 % 10° N s
and varnable bending moment, i )
v = Mo = Mo _ 6250 x10° — 2500 x 10° _ 1875 x 10° N om

v 2 2

Section modulus of the bar,
= = wd®=00982 d° mm’
32

.. Mean or average bending stress,
M, _4375x10° _445x10°

m /mm

=z o009%24° 4



and variable bending stress,

2

zZ 00924 4
We know that according to Goodman's formula,
1 a,, N o, x K g

F.5. B o o, xK_, A xK_

1 445x10° 19.1x10°% x1 o
—=— +— ...(Takmg%: 1)
15 @7 %650 d° x350%09 %085
68 x10° 71x10° 139x10°
= 3 + 3 3
d d d
- d¥3=139x103x15=209 % 10° or d=359.3 mm
and according to Soderberg's formula,

1 g, N o, X Kf

M, 1875x10° 19.1x10°

o,= N/mm

F S G_}' Gﬂ X Ksur x K.'I::
1
15 %500 d° x350x09x085
89x10° 71x10° 160x10°
T F PP
- d¥=160%x10°%x15=240%10° or d=621mm
Taking larger of the two values, we haved=62.1mm  Ans.

6 &
44.5 %10 N 19110 x1 - (Taking K, = 1)




Problem:
A 50 mm diameter shaft is made from carbon steel having ultimate tensile strength of 630
MPa. It is subjected to a torque which fluctuates between 2000 N-m to — 800 N-m. Using
Soderberg method, calculate the factor of safety. Assume suitable values for any other data
needed.

Solution. Grven: d=50mm ; ¢, =630 MPa= 630 N/mm” - T =2000N-m:T . =—3800N-m

i -
I
We know that the mean or average torque,

Toax + T 2000 + (— 800)
m 2 B 2
-, Mean or average shear stress,

= 600 N-m =600 x 10° N-mm

__ 16T, _16x 600x10° o a [ ngmmgj
nd’ R(50)° 10
Variable torque.
T _-T. -
T, = = 2000 1‘ 800) _ 1400 N-m = 1400 x 10° N-mm
16T, 161400 x 10° 57 Nimm?
. . = = = mm
- WVariable shear stress, T, T d,‘_’, 11’,(50]3

Since the endurance limit 1n reversed bending (0 ) 1s taken as one-half the ultimate tensile
strength (7.e. 6,= 0.5 0,) and the endurance linut in shear (T_) 1s taken as 0.35 0. therefore

1, =0.550,=055%050,=02750,
=0.275 % 630 = 173 25 Nimm?

Assume the yvield stress ({FJ_) for carbon steel in reversed bending as 510 N/mum?, surface finish
factor (K ) as 0.87, size factor (K_) as 0.85 and fatigue stress concentration factor Ky as L.

Since the yield stress i shear (1) for shear loadng 1s taken as one-half the yield stress in
reversed bending (UJ_)._ therefore }

T, =0.5 6, = 0.5 x 510 = 255 N'mm’

Let F.5. = Factor of safety.
We know that according to Soderberg’s formula.
L:I—’"i— T, xKg :24-4+ 37x1
FS. 1, T,xKgxK; 255 17325x0.87x0.85

=009 +0445=0541
F§ =1/0541=185 Ans.



A simply supported beam has a concentrated load at the centre which fluctuates from a value

of P to 4 P. The span of the beam is 500 mm and its cross-section is circular with a diameter

of 60 mm. Taking for the beam material an ultimate stress of 700 MPa, a yield stress of 500

MPa, endurance limit of 330 MPa for reversed bending, and a factor of safety of 1.3,

calculate the maximum value of P. Take a size factor of 0.85 and a surface finish factor of

0.9.

Solution. Given : W

min

=P. W, =4P  L=500mm; d=60mm ; g, =700 MPa =700 N/mm?

g, = 500 MPa = 500 N/mm?’: &, = 330 MPa = 330 N/mm?’: £S. =13 :K_=085.K,, =09

We know that maximum bending moment,

Wax XL _ 4P x 500

M = 4 =500P N-mm
and mummum bending moment,
o - Wi % L _ P =500 _195P N mm
FHIN 4 4
. Mean or average bending moment,
M __+M . 500P+125
M, = —-—== £ P —3125P N-mm
and vanable bending moment, |
M - M S00P —125P
M, = e 2 =1875P N-mm
Section modulus Z=—xd®=—(60) =2121x10° mm’
: 32 32
Mean bending stress,
M 3125 )
g =——= i - =00147P N/mm"
" Z 2121 =10
and vanable bending stress,
o =2 P 40088 P Ninm?
' Z  2121x10
We know that according to Goodman’s formula,
1 G, g, x K
5. G_u o, <K, <K_
1 _0.0147P N 0.0088P =1 - (Taking K= 1)
13 700 330x09x0.85
_21P N 348P 558F
100 10f 10°
&
F= L>-<F1i=l.3| TE3I N =137T85 kN
13 3558



and according to Soderberg's formula,

1

=]

GFXKf

—m 4
F.S§. 0y, 0Oy XKy %Ky

1 0.0147P 0.0088P x1  294p 348pP 642P

+ = +
13 500 330x09x085  10° 108
1 10°
P=—x——=11982 N =11982 kN
137 642

From the above, we find that maximum value of P= 13785 kN  Ans.
References:
1. Machine Design - V.Bandari .

2. Machine Design — R.S. Khurmi
3. Design Data hand Book - S MD Jalaludin.
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UNIT 2
Shafts: Shafts & Couplings

A shaft is a rotating machine element which is used to transmit power from one place to
another. The power is delivered to the shaft by some tangential force and the resultant torque
(or twisting moment) set up within the shaft permits the power to be transferred to various
machines linked up to the shaft. In order to transfer the power from one shaft to another, the
various members such as pulleys, gears etc., are mounted on it. These members along with
the forces exerted upon them causes the shaft to bending.

In other words, we may say that a shaft is used for the transmission of torque and
bending moment. The various members are mounted on the shaft by means of keys or
splines. The shafts are usually cylindrical, but may be square or cross-shaped in section. They
are solid in cross-section but sometimes hollow shafts are also used. An axle, though similar
in shape to the shaft, is a stationary machine element and is used for the transmission of
bending moment only. It simply acts as a support for some rotating body such as hoisting
drum, a car wheel or a rope sheave. A spindle is a short shaft that imparts motion either to a

cutting tool (e.g. drill press spindles) or to a work piece (e.g. lathe spindles).

Types of Shafts

The following two types of shafts are important from the subject point of view:

1. Transmission shafts. These shafts transmit power between the source and the machines
absorbing power. The counter shafts, line shafts, over head shafts and all factory shafts are
transmission shafts. Since these shafts carry machine parts such as pulleys, gears etc.,
therefore they are subjected to bending in addition to twisting.

2. Machine shafts. These shafts form an integral part of the machine itself. The crank shaft is

an example of machine shaft.

Stresses in Shafts

The following stresses are induced in the shafts:

1. Shear stresses due to the transmission of torque (i.e. due to torsional load).

2. Bending stresses (tensile or compressive) due to the forces acting upon machine elements
like gears, pulleys etc. as well as due to the weight of the shaft itself.

3. Stresses due to combined torsional and bending loads.

Design of Shafts

The shafts may be designed on the basis of

1. Strength, and 2. Rigidity and stiffness.



In designing shafts on the basis of strength, the following cases may be considered:
(a) Shafts subjected to twisting moment or torque only,

(b) Shafts subjected to bending moment only,

(c) Shafts subjected to combined twisting and bending moments, and

(d) Shafts subjected to axial loads in addition to combined torsional and bending loads.

Shafts Subjected to Twisting Moment Only,
a) Solid shaft:

When the shaft is subjected to a twisting moment (or torque) only, then the diameter of the

shaft may be obtained by using the torsion equation. We know that

Tt
J r
Where T = Twisting moment (or torgue) acting upon the shaft,
J = Polar moment of inertia of the shaft about the axis of rotation,
T = Torsional shear stress, and
r = Distance from neutral axis to the outer most fibre
=d/ 2; where d is the diameter of the shaft.

We know that for round solid shaft, polar moment of inertia,

J:]_d4

32

From this equation, diameter of the solid shaft (d) may be obtained.

b) Hollow Shaft:
We also know that for hollow shaft, polar moment of inertia,

[_ 4 4
3=, @) = @)

Where do,and di= Outside and inside diameter of the shaft, and r = do/ 2.

Substituting these values in equation (i), we have

T T n {(do)* —(d,rﬁ}
— XT|———m—

= = = d or T: i
I [ -@)*] = 3 %

~

Let k = Ratio of inside diameter and outside diameter of the shaft = d;/ do

Now the equation (iiif) may be written as



4

’ 4 / \
T:lxrx(d") {.—'i
IdG‘

7T 2
=—x1(d) 1=Kk
16 d, } T ‘

J

From the equations, the outside and inside diameter of a hollow shaft may be determined. It
may be noted that

1. The hollow shafts are usually used in marine work. These shafts are stronger per kg of
material and they may be forged on a mandrel, thus making the material more homogeneous
than would be possible for a solid shaft. When a hollow shaft is to be made equal in strength
to a solid shaft, the twisting moment of both the shafts must be same. In other words, for the

same material of both the shafts,

I | 1
T:lx @) -@) =T crxd®
T e
)t -@)yt . .
CI B0~ o @pa-m=a
o

2. The twisting moment (T) may be obtained by using the following relation:
We know that the power transmitted (in watts) by the shaft,
QAN XT P X 60

PR T ey

Where T = Twisting moment in N-m, and

N = Speed of the shaft in r.p.m.

3. In case of belt drives, the twisting moment (T) is givenby

T=(T1-T2)R

Where T1and T = Tensions in the tight side and slack side of the belt respectively, and R =
Radius of the pulley.

Shafts Subjected to Bending Moment Only

a) Solid Shaft:

When the shaft is subjected to a bending moment only, then the maximum stress (tensile or

compressive) is given by the bending equation. We know that
M Op

I ¥

Where M = Bending moment,
I = Moment of inertia of cross-sectional area of the shaft about the axis of rotation,
ob = Bending stress, and

y = Distance from neutral axis to the outer-most fibre.



We know that for a round solid shaft, moment of inertia,

d
I— L xa* and y— -
64 2
Substituting these values in equation
M_ % n :
ﬁ:i or M= __ZXﬁbXd
64 2

From this equation, diameter of the solid shaft (d) may be obtained.

b) Hollow Shaft:
We also know that for a hollow shaft, moment of inertia,

« 4.7 4 44 T 4 4 ; e=d /'d
= (@) —@)t]= o @)t a-k% (where k=d,/d_)
Andy =do 2
Again substituting these values in equation, we have

M

[

b x o (d,)} A—k*)
i 2 ur J’VI=§,—)AGb( ¥ =
9

n 4 4
—Ad Y (L—k
64(‘) ( )

From this equation, the outside diameter of the shaft (do) may be obtained.

Shafts Subjected to Combined Twisting Moment and Bending Moment

When the shaft is subjected to combined twisting moment and bending moment, then the shaft
must be designed on the basis of the two moments simultaneously. Various theories have been
suggested to account for the elastic failure of the materials when they are subjected to various
types of combined stresses. The following two theories are important from the subject point of
view:

1. Maximum shear stress theory or Guest's theory. It is used for ductile materials such as mild
steel.

2. Maximum normal stress theory or Rankine’s theory. It is used for brittle materials such as
cast iron.

Let t = Shear stress induced due to twisting moment, and

ob = Bending stress (tensile or compressive) induced due to bending moment.

a) Solid Shaft:

According to maximum shear stress theory, the maximum shear stress in the shaft,

,f{ob)z ~ 47

max ~

,_
|
[



Substituting the values of o, and t

I 3 ) N
or Rx Ty XA~ = JM' + T4

The expression \/ MZ+T? isknown as equivalent twisting moment and is denoted by

Te. The equivalent twisting moment may be defined as that twisting moment, which when
acting alone, produces the same shear stress (t) as the actual twisting moment. By limiting

the maximum shear stress (tmax) €qual to the allowable shear stress (t) for the material, the
equation (i) may be written as

3 5 n 3
/A= IM? + T2 =Exrxd

From this expression, diameter of the shaft (d) may be evaluated.

Now according to maximum normal stress theory, the maximum normal stress in the shaft,

|
b | =
W
|
=
+
P | =
g
(V8
(g0
-
=
+
S
—
(o}
~

]
o
o
Teor—r1
9 | =
:‘:
+
=
ok
& B
i

or

3 1 [
29 A Ub(m:nfl X d- — T‘ [.1[ + ."I’ + T" :|

The expression ) [M+ JM 2+ T ?]is known as equivalent bending moment and is denoted

by M.. The equivalent bending moment may be defined as that moment which when acting
alone produces the same tensile or compressive stress (o) as the actual bending moment. By
limiting the maximum normal stress [oy]to the allowable bending stress (o b),
then the equation (iv) may be written as

4116=%[4v1+\/M7+—T3]= anObxd3

22

From this expression, diameter of the shaft (d) may be evaluated.



b) Hollow shaft:

In case of a hollow shaft, the equations (if) and (v) may be written as

T = \}M: +T° =-l%><t(a',,)5 (1 -k")
3 3 n 3 .
M, = e+ 2P 413 - 339 (@) (=)

Itis suggested that diameter of the shaft may be obtained bly using both the theories and the
larger of the two values is adopted.



Problem:

A shaft is supported by two bearings placed 1 m apart. A 600 mm diameter pulley is mounted
at a distance of 300 mm to the right of left hand bearing and this drives a pulley directly
below it with the help of belt having maximum tension of 2.25 kN. Another pulley 400 mm
diameter is placed 200 mm to the left of right hand bearing and is driven with the help of
electric motor and belt, which is placed horizontally to the right. The angle of contact for both
the pulleys is 180° and p = 0.24. Determine the suitable diameter for a solid shaft, allowing
working stress of 63 MPa in tension and 42 MPa in shear for the material of shaft. Assume

that the torque on one pulley is equal to that on the other pulley.

Solution. Given : 4B = 800 mm ; o, =20° ; D = 600 mm or R =300 mm ; AC =200 mm ;
Dp =700 mm or Rp =350 mm ; DB=250mm 6 =180°=mrad; W=2000 N; T; =3000 N;
T,/T, =3 ; 1=40 MPa = 40 N/mm’

The space diagram of the shaft 1s shown in Fig (a).

We know that the torque acting on the shaft at D,

.
T=AT;=T) Ro =T (1—?3]12[,

= 3000 (1 - %)350 =700 x 10° N-mm A TYTy=3)

The torque diagram 1s shown 1n Fig_ (b).
Assuming that the torque at D 1s equal to the torque at C, there fore the tangential force acting on
the gear C,

o T TR
£ Re. 300
and the normal load acting on the tooth of gear C,
E, 2333 2333
W = = = =2483 N

cosoc €os20° 09397
The normal load acts at 20° to the vertical as shown 1n Fig.
Resolving the normal load vertically and horizontally, we get

Vertical component of . i.e. the vertical load acting on the shaft
at C,

Wy = W cos 20°
= 2483 x 09397 =2333 N

and horizontal component of . i.e. the horizontal load acting on
the shaft at C,

Wegr = W sin 20°
= 2483 x0342=849 N
Since 7,/ T, =3 and 7, =3000 N, therefore
T, = T,/ 3=3000/3 =1000 N
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*. 1Torizontal load acting on the shaft at D.
Wog = T; + T, =3000 + 1000 = 4000 N
and vertical load acting on the shaft at D,
Woey = W=2000N



The wertical and horizontal load diagram at C and D 13 shown m Fig 14.6 (¢ and ()
respectively.
Now let us find the maxunuim bending moment for vertical and horizontal loading.

Furst of all considering the vertical loading at C and D. Let R 5, and Rpy, be the reactions at the
bearings 4 and B respectively. We knosw that

. 3 W sin 20°
Ry, + Ry, = 2333 +2000=4333N C .
Taking moments about 4, we get -
Ry x 800 = 2000 (800 —250) + 2333 = 200 *;”
= 1565 600 '
o RBV= 1 565 600 / 800=1958 N \
and Ry, =4333 —1958=2375N | W
We know that B.M. at 4 and B, W cos 20°
Mmf ) MBV P Fig. 14.7
BM. at C. My = Ry > 200 = 2375 x 200 =
= 475 = 10° N-mm
B.M. at D, Mpyy = Ry > 250 = 1958 x 250 =489.5 x 10° N-mm

The bending moment diagram for vertical loading is shown in Fig. 14.6 (e).

Now consider the horizontal loading at C and D_Let R ;; and Ry, be the reactions at the bearings
A and B respectively. We know that

Ryy+Rgy = 849 + 4000 = 4849 N
Taking moments about 4, we get

Ry % 800 = 4000 (800 —250) + 849 % 200 = Z 369 800
o ERpgp; =2 369 800/ 800=2963 N
and Ry = 4849 - 2963 =1886 N
We know that B.M. at 4 and B,

My = Mpy =0

BM. atC, My = Rypp> 200 = 1886 x 200 =377 200 N-mm
BM. atD, M. = Rpp, %250 =2963 x 250 = 740 750 N-mm
The bending moment diagram for horizontal loading is shown m Fig. 14.6 ().
‘We know that resultant B M. at C,

Mg = (M) + (M) = (475 x 1092 + (377 200)
— 606 552 N-mm

and resultant B M. at D,

S
|

o = O + M) = (4895 10%) + (740 750)°

887 874 N-mm

Muaximum bending momert

The resultant B M. diagram is shown in Fig. 14.6 (£). We see that the bending moment is
maxinm at 2, therefore

Maxmmum B M| M = M, =887 874 N-mm Ans.



Diameter of the shaft
Let d = Diameter of the shaft.

We know that the equivalent twisting moment,
T, = M? + T2 = J(887 874)> + (700 x 10°)? = 1131 x 10° N-mm
We also know that equivalent twisting moment (7)),

1131 x 103
d3

llx*rxd3 =£6x40xd3 =786d3
1131 x 10°/ 786 =144 x 10° or d =524 say 55 mm Ans.

Problem:
A steel solid shaft transmitting 15 kW at 200 r.p.m. is supported on two bearings 750 mm
apart and has two gears keyed to it. The pinion having 30 teeth of 5 mm module is located
100 mm to the left of the right hand bearing and delivers power horizontally to the right. The
gear having 100 teeth of 5 mm module is located 150 mm to the right of the left hand bearing
and receives power in a vertical direction from below. Using an allowable stress of 54 MPa in
shear, determine the diameter of the shaft.
Solution. Given : P =15 kW = 15 x 103 W; N =200 rpm. ; 4B = 750 mm ; T, =30;
mp=5mm ; BD=100mm ; 7- =100 ; mc=5mm ; AC=150 mm ; t=54 MPa = 54 N/mm?

The space diagram of the shaft 1s shown in Fig. 14.8 (a).
We know that the torque transmuitted by the shaft,

Px60 15x10° x 60 ;

T= = =716 N-m =716 x 10° N-mum

2N 21 x 200
The torque diagram 1s shown in Fig. 14.8 ().
We know that diameter of gear

= No. of teeth on the gear x module

.. Radius of gear C,
Te Xme 100X 5
R. = = =250 mm
2 2
and radus of pinion D,
Ip X 30x5
Ry=-2""D _ =75 mm
2 2

Assuming that the torque at C and D is same (i.e. 716 x 10° N-mm), therefore tangential force
on the gear C, acting downward,

T _716x10°
Fe=—=——— =2870N
Rc 250
and tangential force on the pinion D, acting horizontally,
T _716x10°
=——  =9550N

=% " 75



The vertical and horizontal load ciagram is shown 1 Fig. 14.8 (¢) and (d) respectively.
Now let us find the maximum bending moment for vertical and horizontal loading.
First of all, considering the vert:cal loading at C. Let R ., and Ry, be the react:ons at the bearings
A and B respectively. We kaow that
Ryt Ry = 2870 N
Tek:ng moments about A, we get
Ry, % 750 — 2870 > 150

c c
Gear  pipjon D __-D-—»—>;_._\" : o
A : /// \\‘\ \
[\ o \_|
pL== =———— A
e \ O\ /
\\.-_./ /
-
150
F
~ 750 - ©
I All dimensions in mm.
i {a@) Space diagram.
| \ |
| 716 X 10* N-mm | ,
A B {h) Torque diagram.
| C D |
| ||
| I |
| 2870 N I |
] | |
A T C D T B (¢) Vertical load diagram.
' |
Ry | | Ryy
i ! 9550 Ni
N | | o
T C D T B (d) Horizontal load diagram.
|
R | ! Ry
| |
| = Il |
| ~
|y’ 2 L 2 57 400 [ \! (e) Vertical B.M. diagram.
A B
| £ |
| [ L
L —"N\I
| P |
|~ 190950 8277.00 \\I (/) Horizontal B.M. diagram.
Al g B 1o
I
| 2 |
I -I“_--—-_ |
"y I
s
& !/ 393;790 329590 \! B (g) Resultant B.M. diagram.

o]



i Rgy, = 2870 x 150/ 750 = 574N
and Ry, = 2870574 =2296N

We know that BM. at £ and B.
Mgy = Myy=0
BM.at C, MCV =RAV>< 150=2296 % 150 = 344 400 N-mm
BM.at D, My, = Ry % 100= 574 x 100 = 57 400 N-mm

The B.M. diagram for vertical loading is shown in Fig. 14.8 (e).

Now considering horizontal loading at D. Let R, ;; and Ry, be the reactions at the bearings 4 and
B respectively. We know that

Ryy+ Ry = 9550 N
Taking moments about 4, we get
Ry % 750 = 9550 (750 — 100) = 9550 * 650
2 Ry = 9550 x 650/ 750=8277TN
and Ry =9550-8277=1273 N

We know that B.M. at 4 and B,

My = My =0
B.M.at C, MCH = RAH x 150=1273 x 150 =190 950 N-mm
B.M.at D, Moy = Ry, 100 =18277 x 100 = 827 700 N-mm

The B.M. diagram for horizontal loading is shown in Fig. 14.8 (f).
We know that resultant BM. at C,

M = J(Mcv Y + M) = J(344 400)* + (190 950)°
=393 790 N-mm
and resultant B.M. at D,

My = \[(Mpy)? + (Mpg)? = (57 400) + (827 700)
= 829 690 N-mm
The resultant B.M. diagram 1s shown 1n Fig. 14.8 (g). We see that the bending moment is
maximum at D.

. Maximum bending moment,

M = My =829 690 N-mm
Let d = Diameter of the shaft.
We know that the equivalent twisting moment,

T, = M2 + T2 = (829 690) + (716 x10°)? = 1096 x 10° N-mm
We also know that equivalent twisting moment (7)),
1096 x 100 = L xtxd® =L x54xd> =106 d3
16 16
d3 = 1096 x 10%10.6 = 103 4 x 10}
or d =47 say 50 mm Ans.



Shafts Subjected to Axial Load in addition to Combined Torsion and Bending Loads:

When the shaft is subjected to an axial load (F) in addition to torsion and bending loads as in
propeller shafts of ships and shafts for driving worm gears, then the stress due to axial load
must be added to the bending stress ([1b). We know that bending equation is

M _ o i M.y - Mxd/2 > SZA\I
¢} y : 1 T xd? nd’
64
And stress due to axial load
= o F d solid shaft]
Exﬂrl .‘[dl .{For round soli aft)
4
F 4F
= = 7 : = RS 17 ...( For hollow shaft)
Z[(d") - (@) | n|(d,)* - (d,) ]
e (‘s k=d/d)
— 3 3 (... - (7,-"‘ o
n(d,)” 1-Fk7)
Resultant stress (tensile or compressive) for solid shaft,
32M 4F 32 Fxd
G. = —t—=—=|M+ ()
' nd® mnd~ nd
= 3304 | Substituting My =M | i
nd’ \
In case of a hollow shaft, the resultant stress,
& 32M : 4F
n(d,) 1-k) m(d,) 1-k)
32 Fd, (0+k 32]
= : n {_A’{ -+ L ( & )} = 2 Ml T
T (d,)y 1-k7) 8 n(d,) 1-k7)

In case of long shafts (slender shafts) subjected to compressive loads, a factor known as
column factor (o)) must be introduced to take the column effect into account.

Therefore, Stress due to the compressive load,

ox4F

or



o x4F
n(d,)} (1K)
The value of column factor (a) for compressive loads* may be obtained from the following
relation :
Column factor,
1
T 1-0.0044 (L/K)
This expression is used when the slenderness ratio (L / K) is less than 115. When the

L

slenderness ratio (L / K) is more than 115, then the value of column factor may be obtained
from the following relation:
Column factor, o
o, (L/K)’
Cm’ E
Where L = Length of shaft between the bearings,

K = Least radius of gyration,
oy = Compressive yield point stress of shaft material, and
C = Coefficient in Euler's formula depending upon the end conditions.
The following are the different values of C depending upon the end conditions.
C =1, for hinged ends,
= 2.25, for fixed ends,
= 1.6, for ends that are partly restrained as in bearings.
In general, for a hollow shaft subjected to fluctuating torsional and bending load, along with
an axial load, the equations for equivalent twisting moment (T.) and equivalent bending moment

(M¢) may be written as

;) =JI:K,,,X_’VI+O'FG‘ (l+k-):l +ch,><T):

v 8

T 3 4
:—-—X'C(dn' 1-k
= ) ( )

~
\ -
\

f +(K,XT)‘

m

ongy BB ARy \/ll]‘ g+ OFd, A+ED)

o |

x 0y (d,)’ (1— k%)

It may be noted that for a solid shaft, k = 0 and do = d. When the shaft carries no axial load,

then F = 0 and when the shaft carries axial tensile load, then o = 1.



Problem:

A hollow shaft is subjected to a maximum torque of 1.5 kN-m and a maximum bending
moment of 3 KN-m. It is subjected, at the same time, to an axial load of 10 kN. Assume that
the load is applied gradually and the ratio of the inner diameter to the outer diameter is 0.5. If
the outer diameter of the shaft is 80 mm, find the shear stress induced in the shaft.

Solution. Given: T=1.5kN-m=1.5x 10°N-m: M =3 kN-m =3 x 10N-m ;
F=10kN=10x10°N;k=di/d,=0.5;d, =80 mm=0.08 m

Let T = Shear stress induced in the shaft.

Since the load is applied gradually, therefore from DDB, we find that K, =1.5 ; and K;= 1.0

We know that the equivalent twisting moment for a hollow shaft,

r=\/ Ko s S, (81+k‘)-]+(1<.x:r):

e

L 4

4

} (Ix L5 x10%)?

B . s 3X : ¢ .S::
J1.5X3X103+1X10x10 (;08\1+O )

= \[( 4500 +125)* + (1500)* =4862 N-m =4862 x 10° N-mm
We also know that the equivalent twisting moment for a hollow shaft (Te),
4862 x 10° =% w1 (d,)? (1—k* = % % 1 (80)° (1-0.5%) =94 2601
T=4862 = 103/94 260 = 51.6 N/mm?2 = 51.6 MPa Ans.
Problem:
A hollow shaft of 0.5 m outside diameter and 0.3 m inside diameter is used to drive a
propeller of a marine vessel. The shaft is mounted on bearings 6 metre apart and it transmits
5600 kW at 150 r.p.m. The maximum axial propeller thrust is 500 kN and the shaft weighs 70
kN.
Determine:

1. The maximum shear stress developed in the shaft, and

2. The angular twist between the bearings.



Solution. Given : d,=0.5m: d, =03 m; P= 5600 kW = 5600 x 10° W; L=6m:
N=150rpm. : F=500kN=500 x 103N : W=70kN=70 x 10° N
1. Maximum shear stress developed in the shaft
Let T = Maximum shear stress developed in the shaft.
We know that the torque transmitted by the shaft,
_ Px60 _ 5600x10° x 60

~ 2mN 2mx 150
and the maximum bending moment.

_WxL _70x10°x6
8

=356 460 N-m

M =52 500 N-m

Now let us find out the column factor o. We know that least radius of gyration.
i1 y
\/7 —[(d,)* - d)*]
g T -, |8
y18
4 V@ -@r]

[(d,)? + (d)*1[(d,)* - (d,)’]
16 [(d,)* - (d,)]

1 1
- J@,)? + @) = v J©0.57 + (0.3)> =0.1458 m
.. Slendemess ratio.

L/K =6/0.1458 =41.15

1-0.0044 (£
K

1 1
T 1-0.0044x41.15 1-0.18
Assuming that the load is applied gradually. therefore from Table 14.2. we find that
K, =15andK,=10
Also k=d/d =03/05=06
We know that the equivalent twisting moment for a hollow shaft.

2
T=J[K,,,XM +aFd"él+k )} (K, xT)*

1
and column factor. o= J ( = <115

=122

e

2
22%500%10° x 0.5 (1 + 0.6
=\/[1.5x52 500 4+ 1:22 % 300X sx a+ )] + (1% 356 460)°

= /(78 750 + 51850)* + (356 460)° =380 x 103 N-m

We also know that the equivalent twisting moment for a hollow shaft (T).
T n
380 x 10 = =X T @) a-k"H= T 0.5 [1-(0.6)*] =0.021

T =380 x 10%/0.02 =19 x 10 N/m? = 19 MPa Ans.



2. Angular twist between the bearings

Let 6 = Angular twist between the bearings in radians.
We know that the polar moment of inertia for a hollow shaft.

g % [(d,)* - (d)*]1= % [(0.5)* - (0.3)*] =0.005 34 m*
From the torsion equation,

T Gx0
— = .we have
J L
TxL 356460 x 6
0= = =0.0048 rad

GxJ 84x10° x 0.00 534
... (Taking G = 84 GPa = 84 x 10° N/m?)

0.0048 x % =0.275° Ans.



Design of Shafts on the basis of Rigidity

Sometimes the shafts are to be designed on the basis of rigidity. We shall consider the
following two types of rigidity.

1. Torsional rigidity. The torsional rigidity is important in the case of camshaft of an I.C.
engine where the timing of the valves would be affected. The permissible amount of twist
should not exceed 0.25° per metre length of such shafts. For line shafts or transmission
shafts, deflections 2.5 to 3 degree per metre length may be used as limiting value. The widely
used deflection for the shafts is limited to 1 degree in a length equal to twenty times the

diameter of the shaft. The torsional deflection may be obtained by using the torsion equation,

T G.© r.i
7 I o1 B_J.G

where 6 = Torsional deflection or angle of twist in radians,

T = Twisting moment or torque on the shaft,

J = Polar moment of inertia of the cross-sectional area about the axis of rotation,

G = Modulus of rigidity for the shaft material, and

L = Length of the shaft.

2. Lateral rigidity. It is important in case of transmission shafting and shafts running at high
speed, where small lateral deflection would cause huge out-of-balance forces. The lateral
rigidity is also important for maintaining proper bearing clearances and for correct gear teeth
alignment. If the shaft is of uniform cross-section, then the lateral deflection of a shaft may be
obtained by using the deflection formulae as in Strength of Materials. But when the shaft is of
variable cross-section, then the lateral deflection may be determined from the fundamental

equation for the elastic curve of a beam, i.e.

BIS codes of Shafts

The standard sizes of transmission shafts are:

25 mm to 60 mm with 5 mm steps; 60 mm to 110 mm with 10 mm steps ; 110 mm to 140
mm with 15 mm steps ; and 140 mm to 500 mm with 20 mm steps. The standard length of the

shaftsare 5m,6 mand 7 m.



Problem:
A steel spindle transmits 4 kW at 800 r.p.m. The angular deflection should not exceed 0.25°
per metre of the spindle. If the modulus of rigidity for the material of the spindle is 84 GPa,

find the diameter of the spindle and the shear stress induced in the spindle.

Solution. Given: P=4kW=4000 W: N=800 rp.m. : 6=0.25°= 0.25 x % =0.0044 rad :
L=1m=1000 mm : G=84 GPa=84 x 10° N/m? = 84 x 10° N/mm’
Diameter of the spindle

Let d = Diameter of the spindle in mm.

We know that the torque transmitted by the spindle.

Px 60 4000 x 60

= = =47.74 N-m =47 =
T AN > 70 % 800 47.74 N-.m = 47 740 N-mm
Gx6 T
We also know that z . or J= =
J & GxH6
b8 < d* 47 740 x 1000 —
e 32 T 84x10° x0.0044

d* =129167x32/m=1.3x 10° or d=33.87 say 35 mm Ans.
Shear stress induced in the spindle
Let T = Shear stress induced in the spindle.

We know that the torque transmitted by the spindle (7).

b1 3 21 3
= —Xx1txd =—x1(35) =842
47 740 ic i (35) =84207

T =47 740 / 8420 = 5.67 N/mm?2 = 5.67 MPa Ans.



Problems:
Compare the weight, strength and stiffness of a hollow shaft of the same external diameter as
that of solid shaft. The inside diameter of the hollow shaft being half the external diameter.
Both the shafts have the same material and length.
Solution. Given:d =d:d,=d,/2 or k=d. /d,=1/2=0.5

Comparison of weight

We know that weight of a hollow shaft,

Wy = Cross-sectional area x Length » Density

= % [(do )2 - (d,-)2 ] x Length x Density ()
and weight of the solid shaft.

S

Since both the shafts have the same material and length, therefore by dividing equation (7) by
equation (i), we get

W, = %x d? x Length x Density -..(if)

Wy _ (@) - @) _ (@) - (@)

(rd=d
IVS d2 (do )2 ( o)
2
= 1M (0.5)=10.75 Ans.
(do)?.
Comparison of strength
We know that strength of the hollow shaft.
= K 3 4 .5
= 16 xt(d,) (1-k%) ..(ii)
and strength of the solid shaft.
T
Tg = 7o X TX d’ (iv)
Dividing equation (#77) by equation (iv), we get
L @)K _@rak) "
1& - d3 (d0)3 - 1= (d= o)
=1-(0.5*=0.9375 Ans.
Comparison of stiffness
We know that stiffness
T _ GxJ
6 L
.. Stiffness of a hollow shaft.
G TC 4 4 P
st ) = dd; (¥
= x5 [@)* - (@)*] )

and stiffness of a solid shatft.



G =
S.= —x—xd* i
ST T 73 (i)

Dividing equation (v) by equation (vi), we get
Su _ (@) —@)' (@) -t (@)
Ss d* )’ )}
=1-k*=1-(0.5*=0.9375 Ans.

_(rd=d)



Shaft Coupling
Shafts are usually available up to 7 meters length due to inconvenience in transport. In order to

have a greater length, it becomes necessary to join two or more pieces of the shaft by means of
a coupling.

Shaft couplings are used in machinery for several purposes, the most common of which are the
following:

1. To provide for the connection of shafts of units those are manufactured separately such as
a motor and generator and to provide for disconnection for repairs or alternations.

2. To provide for misalignment of the shafts or to introduce mechanical flexibility.

3. To reduce the transmission of shock loads from one shaft to another.

4. To introduce protection against overloads.

5. It should have no projecting parts.

Types of Shafts Couplings

Shaft couplings are divided into two main groups as follows:

1. Rigid coupling. It is used to connect two shafts which are perfectly aligned. Following
types of rigid coupling are important from the subject point of view:

(a) Sleeve or muff coupling.

(b) Clamp or split-muff or compression coupling, and

(c) Flange coupling.

2. Flexible coupling. It is used to connect two shafts having both lateral and angular
misalignment. Following types of flexible coupling are important from the subject point of
view:

(a) Bushed pin type coupling,

(b) Universal coupling, and

(c) Oldham coupling.

Sleeve or Muff-coupling

It is the simplest type of rigid coupling, made of cast iron. It consists of a hollow cylinder
whose inner diameter is the same as that of the shaft. It is fitted over the ends of the two
shafts by means of a gib head key, as shown in Fig. The power is transmitted from one shaft
to the other shaft by means of a key and a sleeve. It is, therefore, necessary that all the
elements must be strong enough to transmit the torque. The usual proportions of a cast iron
sleeve coupling are as follows:

Outer diameter of the sleeve, D =2d + 13 mm



And length of the sleeve, L =3.5d
Where d is the diameter of the shaft.

In designing a sleeve or muff-coupling, the following procedure may be adopted.

Shaft : of

1. Design for sleeve
The sleeve is designed by considering it as a hollow shaft
Let T =Torque to be transmitted by the coupling, and
1. = Permissible shear stress for the material of the sleeve which is cast iron.
The safe value of shear stress for cast iron may be taken as 14 MPa.

We know that torque transmitted by a hollow section,

[ T )
NS uJ:ExTchJ a-iH (- k=dD
16\ D | 16

From this expression, the induced shear stress in the sleeve may be checked.

T

2. Design for key

The key for the coupling may be designed in the similar way as discussed in Unit-5. The
width and thickness of the coupling key is obtained from the proportions. The length of the
coupling key is at least equal to the length of the sleeve (i.e. 3.5 d). The coupling key is

usually made into two parts so that the length of the key in each shaft,

L 35d
=377
After fixing the length of key in each shaft, the induced shearing and crushing stresses may

be checked. We know that torque transmitted,

T=IXWwWXTX i ... (Considering sheaning of the key)
)

e I X G, X i ... (Considering crushing of the key)
7 b

4 L



Problem: Design and make a neat dimensioned sketch of a muff coupling which is used to
connect two steel shafts transmitting 40 kW at 350 r.p.m. The material for the shafts and key
is plain carbon steel for which allowable shear and crushing stresses may be taken as 40 MPa
and 80 MPa respectively. The material for the muff is cast iron for which the allowable shear
stress may be assumed as 15 MPa.
Solution.
Given: P =40 kW =40 x 10°W; N = 350 r.p.m.; ts= 40 MPa = 40 N/mm2; s = 80 MPa =
80 N/mm?; o = 15 MPa = 15 N/mm?
Px60 40x10° x 60
T=32aN 2mx3so ~HONm

= 1100 = 10° N-mum

We also know that the torque transniitred (7).

Lid

T T m
1100 % 103 =Ex—r5><d' =E><4D><d3=7,35d

d® =1100 » 10%/7.86 = 140 x 10® or d = 52 say 55 mm Ans.
2. Design for sleeve
We know that outer diameter of the muff,
D=2d+13mm=2 x 55+ 13 =123 say 125 mm Ans.
and length of the muff,
L=35d=3.5x55=192.5say 195 mm Ans.
Let us now check the induced shear stress in the muff. Let tc be the induced shear stress in
the muff which is made of cast iron. Since the muff is considered to be a hollow shaft,

therefore the torque transmitted (T),

m ‘D' -d*|_m |29 -(59)°
1100 10° = Foxr | 228 |2 T g |12 K )
16 D ) 16 °

=370 x> 103 1,
T_=1100 % 10°/370 x 10° =2.97 N/mm’
Since the induced shear stress in the muff (cast iron) is less than the permissible shear stress
of 15 N/mm2, therefore the design of muff is safe.

3. Design for key
From Design data Book, we find that for a shaft of 55 mm diameter,
Width of key, w = 18 mm Ans.



Since the crushing stress for the key material is twice the shearing stress, therefore a square
key may be used.
Then, Thickness of key, t=w =18 mm Ans.
We know that length of key in each shaft,
I=L/2=195/2=97.5mm Ans.
Let us now check the induced shear and crushing stresses in the key. First of all, let us

consider shearing of the key. We know that torque transmitted (T),

. d 55
1100 < 10° =1 X wXx T, xT:J?.3><18><r: X— =482> 10° T
T, = 1100 = 10%/ 48.2 x 10% =22.8 N/mm?
Now considering crushing of the key. We know that torque transmitted (T),

X t d __ 18 55
1100210 = IX—%Xo, x—=975x—xXo, X— =241x10¢c
gl ¥ b ¥ £5

o_ — 1100 = 10°/24.1 » 10% — 45.6 N/mm?
Since the induced shear and crushing stresses are less than the permissible stresses, therefore

the design of key is safe.



Clamp or Compression Coupling or split muff coupling

It is also known as split muff coupling. In this case, the muff or sleeve is made into two
halves and are bolted together as shown in Fig. The halves of the muff are made of cast iron.
The shaft ends are made to a butt each other and a single key is fitted directly in the keyways
of both the shafts. One-half of the muff is fixed from below and the other half is placed from
above. Both the halves are held together by means of mild steel studs or bolts and nuts. The
number of bolts may be two, four or six. The nuts are recessed into the bodies of the muff
castings. This coupling may be used for heavy duty and moderate speeds. The advantage of
this coupling is that the position of the shafts need not be changed for assembling or
disassembling of the coupling. The usual proportions of the muff for the clamp or
compression coupling are:

Diameter of the muff or sleeve, D = 2d + 13 mm

Length of the muff or sleeve, L=3.5d
Where d = Diameter of the shaft.

In the clamp or compression coupling, the power is transmitted from one shaft to the
other by means of key and the friction between the muff and shaft. In designing this type of
coupling, the following procedure may be adopted.

Muff

|
L Shaft

|<—:~+{
—
=

1. Design of muff and key
The muff and key are designed in the similar way as discussed in muff coupling.
2. Design of clamping bolts
Let T =Torque transmitted by the shaft,
d = Diameter of shaft,
dp = Root or effective diameter of bolt,
n = Number of bolts,
ot = Permissible tensile stress for bolt material,
u = Coefficient of friction between the muff and shaft, and
L = Length of muff.



We know that the force exerted by each bolt
T 2
= I l:tfb) C?!
Then, Force exerted by the bolts on each side of the shaft
i 5 i

Let p be the pressure on the shaft and the muff surface due to the force, then for uniform
pressure distribution over the surface,

m 7 i
—(d,) o, x—
4 b 2

Force I

P = proiected ar 1
Projected area S Ixd

Then, Frictional force between each shaft and muff,

1
F = x pressure x area = L X p X —X nd X L

mn 2 n
](db} G;X?

T ) n T
= UX—(d,) 6, x =X n:_l.lx—{db}zsr X N
4 2 8
And the torque that can be transmitted by the coupling,

r - F><§=.u><%w-’cr,><nxi=f—ﬁx.u @), xnxd

From this relation, the root diameter of the bolt (ds) may be evaluated.

Flange Coupling

A flange coupling usually applies to a coupling having two separate cast iron flanges. Each
flange is mounted on the shaft end and keyed to it. The faces are turned up at right angle to
the axis of the shaft. One of the flanges has a projected portion and the other flange has a
corresponding recess. This helps to bring the shafts into line and to maintain alignment. The
two flanges are coupled together by means of bolts and nuts. The flange coupling is adapted
to heavy loads and hence it is used on large shafting.

The flange couplings are of the following three types:



1. Unprotected type flange coupling. In an unprotected type flange coupling, as shown in

Fig.1, each shaft is keyed to the boss of a flange with a counter sunk key and the flanges are
coupled together by means of bolts. Generally, three, four or six bolts are used. The keys are
staggered at right angle along the circumference of the shafts in order to divide the

weakening effect caused by keyways.
—= 7§ b
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> L=15d 4—L=15d [
Fig.1 Unprotected Type Flange Coupling.
The usual proportions for an unprotected type cast iron flange couplings, as shown in
Fig.1, are as follows:
If d is the diameter of the shaft or inner diameter of the hub, then Outside diameter of hub,
D=2d
Length of hub, L=1.5d
Pitch circle diameter of bolts, D1 = 3d
Outside diameter of flange,
D,=D;+(D;-D)=2D;-D=4d
Thickness of flange, t; = 0.5 d
Number of bolts =3, for d upto 40 mm
=4, for d upto 100 mm
=6, for d upto 180 mm



2. Protected type flange coupling. In a protected type flange coupling, as shown in Fig.2,

the protruding bolts and nuts are protected by flanges on the two halves of the coupling, in
order to avoid danger to the workman. The thickness of the protective circumferential flange
(tp) is taken as 0.25 d. The other proportions of the coupling are same as for unprotected type

flange coupling.
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Fig.2. Protected Type Flange Coupling.

3._Marine type flange coupling._In a marine type flange coupling, the flanges are forged

integral with the shafts as shown in Fig.3.

|
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Fig.3. Solid Flange Coupling or Marine Type flange coupling.



The flanges are held together by means of tapered headless bolts, numbering from four to
twelve depending upon the diameter of shaft. The other proportions for the marine type flange
coupling are taken as follows:

Thickness of flange =d /3

Taper of bolt=1in20to 1in 40

Pitch circle diameter of bolts, D;=1.6d

Outside diameter of flange, D, =2.2d
Design of Flange Coupling

Consider a flange coupling as shown in Fig.1 and Fig.2.
Let  d = Diameter of shaft or inner diameter of hub,
D = Outer diameter of hub,
D1 = Nominal or outside diameter of bolt,
D1 = Diameter of bolt circle,
n = Number of bolts,
tr= Thickness of flange,
15, o and = Allowable shear stress for shaft, bolt and key material respectively
1. = Allowable shear stress for the flange material i.e. cast iron,
o, and o = Allowable crushing stress for bolt and key material respectively.
The flange coupling is designed as discussed below:

1. Design for hub

The hub is designed by considering it as a hollow shaft, transmitting the same torque (T) as that
of a solid shaft.

T=-—xr,
16 . D

|
|
The outer diameter of hub is usually taken as twice the diameter of shaft. Therefore from the
above relation, the induced shearing stress in the hub may be checked.
The length of hub (L) is taken as 1.5 d.

2. Design for key

The key is designed with usual proportions and then checked for shearing and crushing
stresses. The material of key is usually the same as that of shaft. The length of key is taken
equal to the length of hub.

3. Design for flange




The flange at the junction of the hub is under shear while transmitting the torque. Therefore, the
torque transmitted,
T = Circumference of hub x Thickness of flange x Shear stress of flange x Radius of
hub

D mD
=TEDXTf><T{.>< — ><Tf><fl|r'
o "] -} = -

The thickness of flange is usually taken as half the diameter of shaft. Therefore from the above
relation, the induced shearing stress in the flange may be checked.

4. Design for bolts

The bolts are subjected to shear stress due to the torque transmitted. The number of bolts (n)
depends upon the diameter of shaft and the pitch circle diameter of bolts (D) is taken as 3 d.
We know that

Load on each bolt

Then, Total load on all the bolts

And torque transmitted,

From this equation, the diameter of bolt (d;) may be obtained. Now the diameter of bolt may
be checked in crushing.

We know that area resisting crushing of all the bolts =n x d; X t

And crushing strength of all the bolts = (n x d1 X t; ) 6w

Torque,

T={n<d1w}<crb‘lf

From this equation, the induced crushing stress in the bolts may be checked.



Problem: Design a cast iron protective type flange coupling to transmit 15 kW at 900 r.p.m.
from an electric motor to a compressor. The service factor may be assumed as 1.35. The
following permissible stresses may be used :

Shear stress for shaft, bolt and key material = 40 MPa

Crushing stress for bolt and key = 80 MPa

Shear stress for cast iron = 8 MPa

Draw a neat sketch of the coupling.

Solution. Given: P =15 kW =15 x 103 W; N =900 r.p.m. ; Service factor = 1.35; 1s= 1 = 1
=40 MPa = 40 N/mm?; 6 = ok = 80 MPa = 80 N/mm?; 1.= 8 MPa = 8 N/mm?.
The protective type flange coupling is designed as discussed below:

1. Design for hub

First of all, let us find the diameter of the shaft (d). We know that the torque transmitted by
the shaft,

Px60 15%10° % 60
— = = 145C 3 -
T="aN  2mxo00 _213N-m

Since the service factor is 1.35, therefore the maximum torque transmitted by the shaft, Tmax
=1.35x 159.13 =215 N-m = 215 x 103 N-mm
We know that the torque transmitted by the shaft (T),

s 3 T :
215 %103 = — X 7T Xd = —x40x d’ —786d3
16 ' 16

d3 =215x103/7.86=27.4x10° or d=30.1say 35 mm Ans.
We know that outer diameter of the hub,
D=2d=2x35=70 mm Ans.
And length of hub, L=1.5d = 1.5 x 35 =52.5 mm Ans.
Let us now check the induced shear stress for the hub material which is cast iron. Considering
the hub as a hollow shaft. We know that the maximum torque transmitted (T max)-
4 4 a4 !
215 < 10F = %x T, [—D j;d :|: %x T, [{';m ;DBS'J J =063 1471
Then, tc= 215 x 103/63 147 = 3.4 N/mm2 = 3.4 MPa

Since the induced shear stress for the hub material (i.e. cast iron) is less than the permissible

value of 8 MPa, therefore the design of hub is safe.

2. Design for key




Since the crushing stress for the key material is twice its shear stress (i.e. ok = 21« ), therefore
a square key may be used. From DDB, we find that for a shaft of 35 mm diameter,

Width of key, w =12 mm Ans.

And thickness of key, t=w =12 mm Ans.
The length of key (1) is taken equal to the length of hub.
Then, I=L=525mm Ans.
Let us now check the induced stresses in the key by considering it in shearing and crushing.
Considering the key in shearing. We know that the maximum torque transmitted (Tmax),

i d 35
215 « 103 — ?><1¢-x—r,fxTzﬁz.lezxtﬁ__xT—no:sT

k
Then, 7y =215 x 103/11 025 = 19.5 N/mm2 = 19.5 MPa
Considering the key in crushing. We know that the maximum torque transmitted (T max),

. t 2 35
215 « 103 = thjxnt_*_ XT:qE'qXTXﬁ:A W _— =58512.5c

3 ck

Y= 215 x 103/ 5512.5 = 39 N/mm? = 39 MPa.

Since the induced shear and crushing stresses in the key are less than the permissible stresses,
therefore the design for key is safe.

3. Design for flange

The thickness of flange (ts) is taken as 0.5 d.

Then, tr=0.5d=0.5%x35=17.5mm Ans.

Let us now check the induced shearing stress in the flange by considering the flange at the
junction of the hub in shear.
We know that the maximum torque transmitted (Tmax),

., nD’ (70)>
215 %107 = —— X T, Xy = (j' X T, X175 =134 713 1,

1c =215 x 103/134 713 = 1.6 N/mm2 = 1.6 MPa
Since the induced shear stress in the flange is less than 8 MPa, therefore the design of flange
is safe.

4. Design for bolts

Let d; = Nominal diameter of bolts.

Since the diameter of the shaft is 35 mm, therefore let us take the number of bolts,
n=3 and pitch circle diameter of bolts,
D; =3d =3 x 35 =105 mm



The bolts are subjected to shear stress due to the torque transmitted. We know that the

maximum torque transmitted (T max),
05

. T . D b1 - 105 )
215 %103 = —(d))” T, xnx — = —(d})” 40 % 3 x — =495¢ (d.)?
4 2 4 >

(d1)? = 215 x 103/4950 = 43.43 or d1 = 6.6 mm
Assuming coarse threads, the nearest standard size of bolt is M 8. Ans.
Other proportions of the flange are taken as follows:
Outer diameter of the flange,
D, =4d =4 x 35=140 mm Ans.
Thickness of the protective circumferential flange,
tp =0.25d =0.25 x 35 =8.75 say 10 mm Ans.



Flexible Coupling:

We have already discussed that a flexible coupling is used to join the abutting ends of shafts.
when they are not in exact alignment. In the case of a direct coupled drive from a prime
mover to an electric generator, we should have four bearings at a comparatively close
distance. In such a case and in many others, as in a direct electric drive from an electric motor
to a machine tool, a flexible coupling is used so as to permit an axial misalignemnt of the

shaft without undue absorption of the power which the shaft are transmitting.

Bushed-pin Flexible Coupling

A bushed-pin flexible coupling, as shown in Fig., is a modification of the rigid type of

flange coupling. The coupling bolts are known as pins.

Cheese head bolt —\

Brass bush (2 mm thick)

/—Flunge

A

Rubber bush
(6 mm thick)

D=2d

/5 mm ‘
le—L=)15d>"<L=15d—>

D ——

The rubber or leather bushes are used over the pins. The two halves of the coupling are
dissimilar in construction. A clearance of 5 mm is left between the face of the two halves of
the coupling. There is no rigid connection between them and the drive takes place through the

medium of the compressible rubber or leather bushes.



In designing the bushed-pin flexible coupling, the proportions of the rigid type flange
coupling are modified. The main modification is to reduce the bearing pressure on the rubber
or leather bushes and it should not exceed 0.5 N/mm2. In order to keep the low bearing
pressure, the pitch circle diameter and the pin size is increased.

Let I=Length of bush in the flange,

D, = Diameter of bush,

Py, = Bearing pressure on the bush or pin,

n = Number of pins, and

D: = Diameter of pitch circle of the pins.

We know that bearing load acting on each pin,

W=p,xdy x|
Then, Total bearing load on the bush or pins

:Wxn:pbxdlexn
And the torque transmitted by the coupling,

( D (D, )
T = W?<H|—}1]=Ph><ff3><f><ﬂl—ll
| = ,-I

| 2

The threaded portion of the pin in the right hand flange should be a tapping fit in the coupling
hole to avoid bending stresses.

The threaded length of the pin should be as small as possible so that the direct shear stress
can be taken by the unthreaded neck.

Direct shear stress due to pure torsion in the coupling halves,

W

T r
Zd
4{1)

Since the pin and the rubber or

leather bush is not rigidly held in the

left hand flange, therefore the
tangential load (W) at the enlarged F...i ;4,.4 |._ 5 mm

portion will exert a bending action

on the pin as shown in Fig. The bush portion of the pin acts as a cantilever beam of length 1.
Assuming a uniform distribution of the load W along the bush, the maximum bending

moment on the pin,



)
M= W{:+51111111

We know that bending stress,

|._,||"'--c

4+ 5 mun |

= (@)
32

Since the pin is subjected to bending and shear stresses, therefore the design must be checked

either for the maximum principal stress or maximum shear stress by the following relations:

Maximum principal stress

=%|:G+1|'IGE—4T3:|

and the maximum shear stress on the pin

1 3
= —Jo’ + 41
2

The value of maximum principal stress varies from 28 to 42 MPa.
Note: After designing the pins and rubber bush, the hub, key and flange may be designed in the

similar way as discussed for flange coupling.



Problem:

Design a bushed-pin type of flexible coupling to connect a pump shaft to a motor shaft
transmitting 32 kW at 960 r.p.m. The overall torque is 20 percent more than mean torgue.
The material properties are as follows:

(a) The allowable shear and crushing stress for shaft and key material is 40 MPa and 80 MPa

respectively.

(b) The allowable shear stress for cast iron is 15 MPa.

(c) The allowable bearing pressure for rubber bush is 0.8 N/mmz2.

(d) The material of the pin is same as that of shaft and key.

Draw neat sketch of the coupling.

Solution. Given: P =32 kW =32 x 10°W; N = 960 r.p.m. ; Tmax= 1.2 Tmean; Ts= ™= 40

MPa = 40 N/mm?; 6¢s = ok = 80 MPa = 80 N/mm?; .= 15 MPa = 15 N/mm?; p, = 0.8

N/mm?,

1. Design for pins and rubber bush

Px60 32x10° x60
T = = =318.3 N-mn
mean 2nN 27 X 960

T =12T = 1.2 ¥ 318.3 =382 N-m = 382 » 10° N-mm

max mean

L]
[ws]
[ ]
—
[
Lad
Il

i 3 T 3

— X1, Xd =—x40xd =786d3

16 ° 16

d® =382 x10°/7.86=48.6 % 10° or d=36.5 say 40 mm
0.5d _0.5x40

dlz \/; = \/g = 8.2 mm

In order to allow for the bending stress induced due to the compressibility of the rubber bush,

the diameter of the pin (d:) may be taken as 20 mm. Ans.
The length of the pin of least diameter i.e. d; = 20 mm is threaded and secured in the right hand
coupling half by a standard nut and washer. The enlarged portion of the pin which is in the left
hand coupling half is made of 24 mm diameter. On the enlarged portion, a brass bush of
thickness 2 mm is pressed. A brass bush carries a rubber bush. Assume the thickness of rubber
bush as 6 mm.
So, Overall diameter of rubber bush,
d2=24+2x2+2x6=40mm Ans.

and diameter of the pitch circle of the pins,

Di=2d+d+2%x6=2% 40+40+12=132mm Ans.



Let | = Length of the bush in the flange.
We know that the bearing load acting on each pin,
W=p,xd,xI1=08x40x1=321N

And the maximum torque transmitted by the coupling (T max),

382 = 10° = W’Krrx%—ilf:«‘é‘x lil =126721
| =382 x 103/12 672 = 30.1 say 32 mm
And W=321=32x32=1024 N
So, Direct stress due to pure torsion in the coupling halves,
W 1024 o
T = = = 3.26 N/mm-~

J@? 5@y
Since the pin and the rubber bush are not rigidly held in the left hand flange, therefore the
tangential load (W) at the enlarged portion will exert a bending action on the pin. Assuming a
uniform distribution of load (W) along the bush, the maximum bending moment on the pin,
-

[ 32
M = W‘[:+5J=mz4[ +5] ~ 21 504 N-mm

T T 1
zZ=—(d) = = (20)° = 785.5 mm3

32
M 21504 o,
G = = = 27.4 Nomm-
Z 785.5
Maximum principal stress
1 > . 3 1 _ 2
= = LG + \J'Gl + 41 J = = {2?—'1 + \f{l.-.—lj‘ + 4 (3.26)3 J

=137+ 14.1 =27.8 N/mm

And maximum shear stress

17 [ 1 1 >
== |:1Hcr" + 477 }: = [\/(3?.4}3 + 4 (3.26)° } = 14.1 N/

Since the maximum principal stress and maximum shear stress are within limits, therefore the

design is safe.

2. Design for hub

We know that the outer diameter of the hub,



D=2d=2x40=80 mm
And length of hub, L=15d=15%x40=60 mm
Let us now check the induced shear stress for the hub material which is cast iron. Considering

the hub as a hollow shaft. We know that the maximum torque transmitted (T max),

o pt=a*| = 80)* — (40)* | .
382 x10° = — X1, | —— |=— X7, —‘ =0426%x10° 7
16 D 16 L 80 i <

7= 382 x 103/ 94.26 x 103 = 4.05 N/mm?= 4,05 MPa
Since the induced shear stress for the hub material (i.e. cast iron) is less than the permissible
value of 15 MPa, therefore the design of hub is safe.

3. Design for key

Since the crushing stress for the key material is twice its shear stress (i.e. ok = 2 1« ),

therefore a square key may be used. From Table 13.1, we find that for a shaft of 40 mm

diameter,
Width of key, w = 14 mm Ans.
and thickness of key,t =w = 14 mm Ans.

The length of key (L) is taken equal to the length of hub, i.e.
L=15d=15x%x40=60 mm
Let us now check the induced stresses in the key by considering it in shearing and crushing.

Considering the key in shearing. We know that the maximum torque transmitted (T max),

. d 4C
382 < 107 = £><11’><T,1_-><T=5U><14><T.;X—}=158ITI(]TL__

T, = 382> 10%/16 §00 =22.74 N/'mm’ = 22.74 MPa
Considering the key in crushing. We know that the maximum torque transmitted (T max),

. t d 14 40
3825 10° = LX—XGz X—=00X —XGy4 X— =84000
3 c 3 7 . g ck

ok = 382 x 103/8400 = 45.48 N/mm2 = 45.48 MPa
Since the induced shear and crushing stress in the key are less than the permissible stresses of
40 MPa and 80 MPa respectively, therefore the design for key is safe.
4. Design for flange

The thickness of flange (tr) is taken as 0.5 d.
tr=0.5d=0.5x%40=20 mm
Let us now check the induced shear stress in the flange by considering the flange at the

junction of the hub in shear.



We know that the maximum torque transmitted (Tmax),

. D’ m(80)?
382 x10° = —— X1, Xl =

X T, X 20 =201 % 10° T,

Tc =382 x 103 /201 x 103 = 1.9 N/mm2 = 1.9 MPa
Since the induced shear stress in the flange of cast iron is less than 15 MPa, therefore the

design of flange is safe.



Problem:
Design a cast iron protective type flange coupling to transmit 15 kW at 900 r.p.m. from an
electric motor to a compressor. The service factor may be assumed as 1.35. The following
permissible stresses may be used:

Shear stress for shaft, bolt and key material = 40 MPa

Crushing stress for bolt and key = 80 MPa

Shear stress for cast iron = 8 MPa

Draw a neat sketch of the coupling.

Solution. Given: P =15 kW = 15 x 103 W; N =900 r.p.m. ; Service factor=1.35 ;15 =1 =
7« = 40 MPa = 40 N/mm? ; 6¢ = 6 = 80 MPa = 80 N/mm? : 1. = 8 MPa = 8 N/mm?.
The protective type flange coupling is designed as discussed below:

1. Design for hub

First of all, let us find the diameter of the shaft (d). We know that the torque transmitted by
the shaft,

Px 60 15x10° x 60
= 2rN  2mxoop 13N
Since the service factor is 1.35, therefore the maximum torque transmitted by the shaft, Tmax
=1.35x 159.13 = 215 N-m = 215 x 103 N-mm
We know that the torque transmitted by the shaft (T),

Vs 3 T ¢
215 %103 = — X T Xd" = o 40K d> —786d3
16 2 16

d3 =215x103/7.86=27.4x10° or d=30.1say 35 mm Ans.
We know that outer diameter of the hub,
D=2d=2x35=70mm Ans.
And length of hub, L =1.5d = 1.5 x 35 =52.5 mm Ans.
Let us now check the induced shear stress for the hub material which is cast iron. Considering
the hub as a hollow shaft. We know that the maximum torque transmitted (T max).
215 € 10° = = X7, [—ﬁ _ dj =Lyt [(?m‘ - 65" | = 631477
16 D 16 70 1 ¢
Then, tc= 215 x 103/63 147 = 3.4 N/mm2 = 3.4 MPa

Since the induced shear stress for the hub material (i.e. cast iron) is less than the permissible

value of 8 MPa, therefore the design of hub is safe.



UNIT-3
Introduction to Welded Joints

Introduction

A welded joint is a permanent joint which is obtained by the fusion of the edges of the two parts
to be joined together, with or without the application of pressure and a filler material. The heat
required for the fusion of the material may be obtained by burning of gas (in case of gas
welding) or by an electric arc (in case of electric arc welding). The latter method is extensively
used because of greater speed of welding. Welding is extensively used in fabrication as an
alternative method for casting or forging and as a replacement for bolted and riveted joints. It is
also used as a repair medium e.g. to reunite metal at a crack, to build up a small part that has
broken off such as gear tooth or to repair a worn surface such as a bearing surface.

Advantages and Disadvantages of Welded Joints over Riveted Joints

Following are the advantages and disadvantages of welded joints over riveted joints.
Advantages

1. The welded structures are usually lighter than riveted structures. This is due to the reason,
that in welding, gussets or other connecting components are not used.

2. The welded joints provide maximum efficiency (may be 100%) which is not possible in
case of riveted joints.

3. Alterations and additions can be easily made in the existing structures.

4. As the welded structure is smooth in appearance, therefore it looks pleasing.

5. In welded connections, the tension members are not weakened as in the case of riveted
joints.

6. A welded joint has a great strength. Often a welded joint has the strength of the parent
metal itself.

7. Sometimes, the members are of such a shape (i.e. circular steel pipes) that they afford
difficulty for riveting. But they can be easily welded.

8. The welding provides very rigid joints. This is in line with the modern trend of providing
rigid frames.

9. It is possible to weld any part of a structure at any point. But riveting requires enough
clearance.

10. The process of welding takes less time than the riveting.



Disadvantages
1. Since there is an uneven heating and cooling during fabrication, therefore the members

may get distorted or additional stresses may develop.

2. It requires a highly skilled labour and supervision.

3. Since no provision is kept for expansion and contraction in the frame, therefore thereis a
possibility of cracks developing in it.

4. The inspection of welding work is more difficult than riveting work.
T f Wel int:

Following two types of welded joints are important from the subject point of view:

1. Lap joint or fillet joint, and 2. Bultt joint.
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(a) Single transverse. (b) Double transverse. (c) Paral lel fillet.

Fig.1. Types of Lab and Butt Joints

Lap Joint
The lap joint or the fillet joint is obtained by overlapping the plates and then welding the

edges of the plates. The cross-section of the fillet is approximately triangular. The fillet joints
may be

1. Single transverse fillet, 2. Double transverse fillet and 3. Parallel fillet joints.

The fillet joints are shown in Fig.1. A single transverse fillet joint has the disadvantage that
the edge of the plate which is not welded can buckle or warp out of shape.

Butt Joint

The butt joint is obtained by placing the plates edge to edge as shown in Fig.2. In butt welds,
the plate edges do not require beveling if the thickness of plate is less than 5 mm. On the
other hand, if the plate thickness is 5 mm to 12.5 mm, the edges should be beveled to V or U-

groove on both sides.



V///

(a) Square butt joint.  (b) Single V-butt (c) Single U-butt (d) Double V-butt (e¢) Double U-butt
joint. joint. joint. joint.

Fig. 2. Types of Butt joints

The butt joints may be

1. Square butt joint, 2. Single V-butt joint 3. Single U-butt joint,
4. Double V-butt joint, and 5. D uble U-butt joint.

These joints are shown in Fig. 2.

The other type of welded joints are corner joint, edge joint and T-joint as shown in Fig. 3.

4 7
{a) Comer joint. (b) Edge joint.

() T-joint.

Fig. 3. Other types of Joints

Basic Weld Symbols

S. No. Form of weld Sectional representation Symbol

7

y %

1. Fillet %
A AN
9% Square butt W//' ! T T
3 Single-V butt Wmmm’ ’V‘
4. Double-F butt //// _i X
5. Single=U butt W, N 120

6. Double-U/ butt %,_

75 Single bevel butt

Y ¥

%
%
%
! Double bevel butt
8 ;
%




S. No. Form of weld Sectional representation Symbol
9. Single-/ butt 7! -|>
7
10. Double=/ butt fm E
11. Bead (edge or seal) =
I\
12. Stud _‘ J_
K\\'@\W
13, Sealing run m O
oo (e X
15. Seam e N \ XXX
16. Mashed seam N NN D c c :]
Before After
R ———
17, Plug (@ [ -:‘H 7
18. Backing strip w m —
19, Stitch % )1 K
20. Projection \ %\& A
Before After
’m’m\v
21. Flash \ %
YA
Rod or bar Tube
; N
22. Butt resistance or I
ressure (upset
p (upset) b

Rod or bar Tube




Supplementary Weld Symbols

5. No. Particudars Dirawing representation Symbol
1. Weld all round /f;a— @)
2. Field weld o @
& Flush contour T -

s i
4, Convex contour /_L N
5. Concave contour S k
¥
G
6. Grinding finish "[ G
¥
i Machining finish e M
M
.. . C C
. Chipping finish




Elements of a welding symbol

Elements of a Welding Symbol

A welding symbol consists of the following eight elements:

1. Reference line, 2. Arrow,

3. Basic weld symbols, 4. Dimensions and other data,

5. Supplementary symbols, 6. Finish symbols,

7. Tail, and 8. Specification, process or other references.

Standard Location of Elements of a Welding Symbol

The arrow points to the location of weld, the basic symbols with dimensions are located on

one or both sides of reference line. The specification if any is placed in the tail of arrow. Fig.

1. shows the standard locations of welding symbols represented on drawing.

Finish symbol

Contour symbol \
Size \

Reference line

. g . ]
Specification g 9 =
process or
other reference — T

Tail (omit when
reference is not
used)

Basic weld symbol
or detail reference

c
<
-t
<
-

— Length of weld
— Unwelded length

Field weld symbol

[ Weld all around symbol

Arrow connecting reference
line to arrow side of joint,
to edge prepared member
or both

Fig.1 Standard location of weld symbols.

Some of the examples of welding symbols represented on drawing are shown in the following

table.



Representation of welding symbols.

8 No. Desirad weld Represeniarian on drawing

1. Fillet-weld each side of [~

5 mm [ SN
Tee- convax contour L

[

s 1’/;‘;’55;222;

Smgle V-butt weld -mechining o

fimich ﬁ
AN Frabocy

3. Double V- bull weld
F i
vk
!
Plug weld - 30° Groove- |l /j’ }
+ angle-flush contou '
il
i
5 (B0Y 40 (1000
- ; 5mm ,_5‘9—
5 Staggered intermittent fillet welds #“"‘I ﬁ 40(100)
60 4:
gl IRTVY
ENIR2
“T 40
40 100
ol X
80 40
References:

1. Machine Design - V.Bandari .
2. Machine Design — R.S. Khurmi
3. Design Data hand Book - S MD Jalaludin.




Strength of Transverse Fillet Welded Joints

We have already discussed that the fillet or lap joint is obtained by overlapping the plates and
then welding the edges of the plates. The transverse fillet welds are designed for tensile
strength. Let us consider a singl  and double transverse fillet welds as shown in Fig. 1(a) and

(b) respectively.

| ( ( I
P T | | P p T | r
-1 £ I -~ ¢ |
| { ) \
# | ) ! * ; L1
¥ , ,
p 5 —H—P p ‘ s —i
(&) Single transverse fillet weld. (h) Double transverse fillet weld.

Fig.1 Transverse fillet welds.

The length of each side is known as leg or size of the weld and the perpendicular distance of
the hypotenuse from the intersection of legs (i.e. BD) is known as throat thickness. The
minimum area of the weld is obtained at the throat BD, which is given by the product of the
throat thickness and length of weld.
Let t = Throat thickness (BD),

s = Leg or size of weld,

= Thickness of plate, and

| = Length of weld,
From Fig.2, we find that the throat thickness,

t=sxsin45°=0.707 s
Therefore, Minimum area of the weld or throat area,
A = Throat thickness x Length of weld
=tx1=0.707sx1

If otis the allowable tensile stress for the weld metal, then the tensile strength of the joint for
single fillet weld,

P = Throat area x Allowable tensile stress = 0.707 s x | X ¢
And tensile strength of the joint for double fillet weld,

P=2x0707sx1x0;=1414s x| X &



Note: Since the weld is weaker than the plate due to slag and blow holes, therefore the weld
is given a reinforcement which may be taken as 10% of the plate thickness.

Strength of Parallel Fillet Welded Joints
The parallel fillet welded joints are designed for shear strength. Consider a double parallel

fillet welded joint as shown in Fig.3 (a). We have already discussed in the previous article,
that the minimum area of weld or the throat area,
A=0.707s x|
If T is the allowable shear stress for the weld metal, then the shear strength of the joint for
single parallel fillet weld,
P = Throat area x Allowable shear stress =0.707 s x | X 1
And shear strength of the joint for double parallel fillet weld,
P=2x0707xsxIxt=1414sx1x1

' |
| P P T P
Pe st IS - —_—
: ES ‘!
|
)—d— [, ——=
(@) Double I’:'T““"I fillet weld. (,l';} Combination of transverse
and parallel fillet weld.
Fig.3

Notes: 1. If there is a combination of single transverse and double parallel fillet welds as
shown in Fig. (b), then the strength of the joint is given by the sum of strengths of single
transverse and double parallel fillet welds. Mathematically,

P=0.707s x l1x o+ 1.414s X I, x 1
Where |; is normally the width of the plate.
2. In order to allow for starting and stopping of the bead, 12.5 mm should be added to the
length of each weld obtained by the above expression.

3. For reinforced fillet welds, the throat dimension may be taken as 0.85 t.

Problem:
A plate 100 mm wide and 10 mm thick is to be welded to another plate by means of double
parallel fillets. The plates are subjected to a static load of 80 kN. Find the length of weld if

the permissible shear stress in the weld does not exceed 55 MPa.



Solution. Given: *Width 100 mm ;
Thickness = 10 mm : P = 80 kKN = 80 x 10? N ;
T =55 MPa = 55 N/mm?

Let / =Length of weld. and

s = Size of weld = Plate thickness = 10 mun
... (Given)

We know that maximum load which the plates can carry for double parallel fillet weld (P),
80 x 10 = 1414 xsx I xt=1414x10x I x 55=7781
1 =280x103/778 =103 mm
Adding 12.5 mm for starting and stopping of weld run. we have
[ =103+12.5=1155mm Ans.
Strength of Butt Joints

The butt joints are designed for tension or compression. Consider a single V-butt joint as
shown in Fig. 4(a).
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() Single V=butt joint. (b) Double V-butt joint,

Fig.4. Butt Joints

In case of butt joint, the length of leg or size of weld is equal to the throat thickness which is
equal to thickness of plates. Therefore, Tensile strength of the butt joint (single-V or square butt

joint),

P=txlxo;
Where | = Length of weld. It is generally equal to the width of plate. And tensile strength for
double-V butt joint as shown in Fig. 4(b) is given by
P=(ti +t) | x o

Where t; = Throat thickness at the top, and
t, = Throat thickness at t e bottom.



It may be noted that size of the weld should be greater than the thickness of the plate, but it may
be less. The following table shows recommended minimum size of the welds.

Stresses for Welded Joints

The stresses in welded joints are difficult to determine because of the variable and unpredictable
parameters like homogenuity of the weld metal, thermal stresses in the welds, changes of
physical properties due to high rate of cooling etc. The stresses are obtained, on the following
assumptions:

1. The load is distributed uniformly along the entire length of the weld, and

2. The stress is spread uniformly over its effective section.

The following table shows the stresses for welded joints for joining ferrous metals with mild
steel electrode under steady and fatigue or reversed load.

Stress Concentration Factor for Welded Joints

The reinforcement provided to the weld produces stress concentration at the junction of the
weld and the parent metal. When the parts are subjected to fatigue loading, the stress

concentration factors should be taken into account.
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Problem:

A plate 100 mm wide and 12.5 mm thick is to be welded to another plate by means of parallel
fillet welds. The plates are subjected to a load of 50 kN. Find the length of the weld so that
the maximum stress does not exceed 56 MPa. Consider the joint first under static loading and
then under fatigue loading.

Solution. Given: ¥Width = 100 mm ; Thickness = 12.5 mm ; P = 50 kN = 50 = 103N ;
T = 56 MPa = 56 N/mm?

Length of weld for static loading
Let  I=Length of weld, and
5 = Size of weld = Plate thickness
=125 mm . (Given)
We know that the maximum load which the
plates can carry for double parallel fillet welds (F),
50x10°=1414sx[x1
=1414x%x125%x]1x56=9901
/=50 10°/990 = 50.5 mm
Adding 12.5 mm for starting and stopping of
weld rmun, we have
[=505+125=63mm Ans.
Length of weld for fatigue loading

From Table 10.6, we find that the stress
concentration factor for parallel fillet welding 15 2.7.

. Permussible shear stress,
T= 56/2.7=20.74 N/mm’
We know that the maximum load which the plates can carry for double parallel fillet welds (P),
SOx100=1414s5x I x1=1414% 125 x1x20.74=3671
. 1= 50 % 10° /367 =136.2 mm
Adding 125 for starting and stopping of weld run, we have
I=1362+125=1487mm Ans.

Problem:

A plate 75 mm wide and 12.5 mm thick is joined with

another plate by a single transverse weld and a double -
parallel fillet weld as shown in Fig. The maximum tensile P I_T P

75 mm—=

and shear stresses are 70 MPa and 56 MPa respectively. !

Find the length of each parallel fillet weld, if the joint is

subjected to both static and fatigue loading.



Solution. Given : Width = /5 mm ; Thickness = 12.5 mm ;
o, =70 MPa =70 N/mm? ; T = 56 MPa = 56 N/mm’.

The effective length of weld (/,) for the fransverse weld may be
obtained by subtracting 12.5 mm from the width of the plate.

: I, = 75-12.5=62.5 mm
Length of each parallel f illet for static loading
Let I, = Length of each parallel fillet.
We know that the maximum load which the plate can carry 1s

P = Area x Stress=75x125x70=65625N
Load carried by single transverse weld,
P, = 0707sx1;%x0,=0.707 x 12.5 x 62.5 x 70 =38 664 N
and the load carried by double parallel fillet weld,
Py=1414sxL,x1=1414%x125x1,x56=990, N

. Load carried by the jomt (P),
65625=P; +P,=38664+9901, or I,=272mm
Adding 12.5 mm for starting and stopping of weld run, we have
1,=272+12.5=39.7 say 40 mm Ans.
Length of each parallel fillet for fatigue loading

From Table 10.6, we find that the stress concentration factor for transverse welds 1s 1.5 and for
parallel fillet welds 1s 2.7.

*. Permussible tensile stress.
o, =70/15 =467 N/mm?
and permissible shear stress,
T =56/2.7 =20.74 N/mm?
Load carried by single transverse weld,
P, =0707sx1;x0,=0.707 x 12.5 x 62.5 x46.7=25795N
and load carried by double parallel fillet weld,
P,=1414sx1,x1=1414x1251,%x20.74=366 , N
". Load carried by the jomt (P),
65625 =P, +P,=25795+3661, or I,=1088mm
Adding 12.5 mm for starting and stopping of weld run, we have
I, =1088+125=1213 mm Ans.
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Contents: Special fillet welded j

Special Cases of Fillet Welded Joints
The following cases of fillet welded joints are important from the subject point of view.

1. Circular fillet weld subjected to torsion. Consider a

circular rod connected to a rigid plate by a fillet weld as

shown in Fig. 1.
Let d = Diameter of rod, C d i \T

r = Radius of rod,

T = Torgue acting on the rod, .
s = Size (or leg) of weld, ‘%
t = Throat thickness, 5|
J = Polar moment of inertia of the Fig. 1. Circular fillet weld subjected to torsion.

. T
weld section = T

We know that shear stress for the material,

Tr Txd/2
T=—=—"7"-"—

J J

Txd/2 2T

ntd /4 mtd’

This shear stress occurs in a horizontal plane along a leg of the fillet weld. The maximum
shear occurs on the throat of weld which is inclined at 45° to the horizontal plane.
Length of throat, t = s sin 45° = 0.707 s and maximum shear stress,

2T _283T

Ty — . - ~
ME % 0.707 s Xxd® msd?
2. Circular fillet weld subjected to bending moment.
Consider a circular rod connected to a rigid plate by a fillet ‘ di M‘\,

weld as shown in Fig.2.

Let d = Diameter of rod,

, 6% -
M = Bending moment acting on the rod, ‘5//<
s = Size (or leg) of weld, —als}e—

t = Throat thickness, Fig.2.Circular fillet weld subjected to Bending moment.



Z = Section modulus of the weld section

B ntd’
4
We know that the bending stress
M M 4AM
@~z ntd> /4 mrd”

This bending stress occurs in a horizontal plane along a leg of the fillet weld. The maximum
bending stress occurs on the throat of the weld which is inclined at 45° to the horizontal
plane.
Length of throat, t = s sin 45° = 0.707 s and maximum bending stress,

1M 5.66 M
Bma) = s 0707 5 % d> - msd’ |

(8]

3. Long fillet weld subjected to torsion. Consider a vertical plate attached to a horizontal
plate by two identical fillet welds as shown in Fig.3.
Let T = Torque acting on the vertical plate,

I = Length of weld,

s = Size (or leg) of weld,

t = Throat thickness, and

J = Polar moment of inertia of the weld section

txI° _ txI
12 6

_2_,<

It may be noted that the effect of the applied torque is to rotate the vertical plate about the Z-
axis through its mid point. This rotation is resisted by shearing stresses developed between two
fillet welds and the horizontal plate. It is assumed that these horizontal shearing stresses vary
from zero at the Z-axis and maximum at the ends of the plate. This variation of shearing stress
is analogous to the variation of normal stress over the depth (I) of a beam subjected to pure
bending.

Therefore, Shear stress,




The maximum shear stress occurs at the throat and is given by

iT 4242 T
T = 3y = 3
I 0.707sx 17 sx I
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Contents: Unsymmetrical welded joints

Axially Loaded Unsymmetrical Welded Sections

Sometimes unsymmetrical sections such as angles, channels, T-sections etc., welded on the
flange edges are loaded axially as shown in Fig. In such cases, the lengths of weld should be
proportioned in such a way that the sum of resisting moments of the welds about the gravity
axis is zero. Consider an angle section as shown in Fig.

Let .= Length of weld at the top,

I, = Length of weld at the bottom,

| = Total length of weld =I5 + Iy

P = Axial load,

a = Distance of top weld from gravity axis,

b = Distance of bottom weld from gravity axis, and

f = Resistance offered by the weld per unit length.

f—/, a—>
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Fig. Axially loaded unsymmetrical welded section

Moment of the top weld about gravity axis

=laxfxa
And moment of the bottom weld about gravity axis

=lhxfxDb
Since the sum of the moments of the weld about the gravity axis must be zero, therefore,

laxfxa-lpxfxb=0
orlaxa=IlyxDb (1)

We know that I=la+1p (i)

From equations (i) and (ii), we have
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Eccentrically Loaded Welded

An eccentric load may be imposed on welded joints in many ways. The stresses induced on
the joint may be of different nature or of the same nature. The induced stresses are combined
depending upon the nature of stresses. When the shear and bending stresses are
simultaneously present in a joint (see case 1), then maximum stresses are asfollows:

Maximum normal stress,
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And Maximum shear stress,
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T = Shear stress. Fig.1. Eccentrically loaded welded joint
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Where o, = Bending stress, and

~

When the stresses are of the same nature, these may be combined vectorially (see case 2).
We shall now discuss the two cases of eccentric loading as follows:
Case 1
Consider a T-joint fixed at one end and subjected to an eccentric load P at a distance e as
shown in Fig. 1
Let s = Size of weld,

| = Length of weld, and

t = Throat thickness.
The joint will be subjected to the following two types of stresses:
1. Direct shear stress due to the shear force P acting at the welds, and
2. Bending stress due to the bending moment P x e.
We know that area at the throat,

A = Throat thickness x Length of weld
=tx|Ix2=2tx]I...(For double fillet weld)
=2x0.707sx1=1414sx1... (since, t =s cos 45° =0.707 s)

Shear stress in the weld (assumi g uniformly distributed),

P P
T4 14145x1



Lecture Notes — 35

Section modulus of the weld metal through the throat,

Z= p x2 .(For both sides weld)
1 7
_0707s x I w3 = sx[°
6 4242

Bending moment, M =P x e

_ M Pxexd4242 4242 Pxe
. Bendmg stress, o =z = 5% [ - sx [

We know that the maximum normal stress,

And maximum shear stress,

Case 2

When a welded joint is loaded eccentrically as shown in Fig.2, the following two types of the
stresses are induced:

1. Direct or primary shear stress, and

2. Shear stress due to turning moment.

Fig.2 eccentrically loaded welded joint.



Let P = Eccentric load,

e = Eccentricity i.e. perpendicular distance between the line of action of load and

centre of gravity (G) of the throat section or fillets,

| = Length of single weld,

s = Size or leg of weld, and

t = Throat thickness.
Let two loads P1and P, (each equal to P) are introduced at the centre of gravity ‘G' of the
weld system. The effect of load P1 = P is to produce direct shear stress which is assumed to
be uniform over the entire weld length. The effect of load P, = P is to produce a turning
moment of magnitude P x e which tends of rotate the joint about the centre of gravity ‘G' of
the weld system. Due to the turning moment, secondary shear stress isinduced.

We know that the direct or primary shear stress,

 Load P P

h= Throst arca _1 2t
P P

T 2x0707sxi 1414 5x]

Since the shear stress produced due to the turning moment (T = P x e) at any section is
proportional to its radial distance from G, therefore stress due to P x e at the point A is

proportional to AG (r2) and is in a direction at right angles to AG. In other words,

T T 2
— = — = Constant
1o or
Ty .
T=—XT --(2)

Where 12 is the shear stress at the maximum distance (r2) and t is the shear stress at any
distance r. Consider a small section of the weld having area dA at a distance r from G.
Shear force on this small section

=1 xdA

And turning moment of this shear force about G,

Tr 2
dT = TXdAXr = ’—" XdAXr* .. [ From equation (7)]

Total turning moment over the whole weld area,



Design of Machine Members-I
Lecture Notes — 35
T . T
T=P><e=f2><a.--1><r2: ljd‘fixrz
Ty 5

T2

"

Where J = Polar moment of inertia of the throat area about G.

oShear stress due to the turning moment i.e. secondary shear stress,

o = I'xn PXexn
. J J

In order to find the resultant stress, the primary and secondary shear stresses are combined

vectorially.

Resultant shear stress at A,

= 2xJ (-7 = [daxr?)

Ty = \/(rljj +(17)* + 21y X 1, X cos B

8 = Angle betwzen T, and Ty, and
cosB =r/n
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Problem:

A welded joint as shown in Fig. 10.24, is subjected to an eccentric load of 2 kN. Find the size
of weld, if the maximum shear stress in the weld is 25 MPa.
Solution. Given: P=2kIN =2000 N; ¢ = 120 mm ;
=40 mm ; 1, =25 MPa =25 N/mm’
Let s = Size of weld in mm, and ¢
t = Throat thickness.

The jomt, as shown in Fig. 10.24, will be subjected to
direct shear stress due to the shear force, P = 2000 N and
bending stress due to the bending moment of P x e.

SSSSSCY

We know that area at the throat, ﬁsh
A=2tx]1=2x0707sx1 = —————T-;(*)—mm
o | ¥
=1414sx1 120 mm —4
= 1.414 5 x 40 = 56.56 X s mm? 2 kN

5
-. Shearstress, T = o5 = 2000 = 354
A 5656xs 5

Bending moment, M = P x e = 2000 x 120 =240 x 10° N-mm
Section modulus of the weld through the throat,

N/mm?>

2 2
= 2l :8(40) =377 x s mm’
4242 4242
3
y M 240x10° 6366
. Bending stress, 6,= — = = N/mm?’
Z FTENS s
We know that maximum shear stress (t,,,),
1 1 [(6366) (354) 3203
25:—,/(0b)2+4r’=—\] . +4 ] = -
2 2 s s s
s =3203/25=128 mm Ans.

Problem:

A bracket carrying a load of 15 kN is to be welded as shown in Fig. Find the size of weld
required if the allowable shear stress is not to exceed 80 MPa.

Solution. Given : P=15kN =15 x 10° N ; T = 80 MPa = 80 N/mm-*; b = 80 mm ;
/=50mm; e=125mm

Let s = Size of weld in mm, and
t = Throat thickness.
We know that the throat area,

A =2xtx]=2x0.707sx1
=1414s5x[=1414 x5 x 50 =70.7 s mm?



. Direct or prumary shear stress,

P 15x10° 212 _ 4
1, = —=———=——N/mm
L A 0T s 5

@V +17) 0707 5 x 503 (80) + (50)'] g

N/mm-~

G Ly
= 127 850 s mm* o[ 1= 0707 5)
-l 'I
|,| :;. ir 125 —»
| T
) ':'
III I:l
III ,:I
-l I;I
I:I ::I
All dimensions in mm,
.~ Maximum radius of the weld,
r, = J(4B) + (BG)’ = J(40)’ + (25)> =47 mm
Shear stress due to the turning moment 7.e. secondary shear stress,
Pxexmn 15)-(10']’){125}{4? 6893
E— 1 —
: J 127 850 s P
25
and e05:8=—r1—:—:0532
I 47

We know that resultant shear stress,

T= J(lez +(15)! +2 7 x5 cos B

212V (6893 217 6893
B0 = i + 02—
3 3 5 5

§ =822/380=103 mm Ans.
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Introduction to Screwed Joints:

A screw thread is formed by cutting a continuous helical groove on a cylindrical
surface. A screw made by cutting a single helical groove on the cylinder is known as single
threaded (or single-start) screw and if a second thread is cut in the space between the
grooves of the first, a double threaded (or double-start) screw is formed. Similarly, triple
and quadruple (i.e. multiple-start) threads may be formed. The helical grooves may be cut
either right hand or left hand.

A screwed joint is mainly composed of two elements i.e. a bolt and nut. The screwed
joints are widely used where the machine parts are required to be readily connected or
disconnected without damage to the machine or the fastening. This may be for the purpose of
holding or adjustment in assembly or service inspection, repair, or replacement or it may be
for the manufacturing or assembly reasons. The parts may be rigidly connected or provisions

may be made for predetermined relative motion.

Advantages and Disadvantages of Screwed Joints

Following are the advantages and disadvantages of the screwed joints.

Advantages

1. Screwed joints are highly reliable in operation.

2. Screwed joints are convenient to assemble and disassemble.

3. A wide range of screwed joints may be adapted to various operating conditions.
4. Screws are relatively cheap to produce due to standardization and highly efficient
manufacturing processes.

Disadvantages

The main disadvantage of the screwed joints is the stress concentration in the threaded
portions which are vulnerable points under variable load conditions.

Note : The strength of the screwed joints is not comparable with that of riveted or welded

joints.

Important Terms Used in Screw Threads

The following terms used in screw threads, as shown in Fig. 1, are important from the subject

point of view:
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Fig.1 Terms used in screw threads

1. Major diameter. It is the largest diameter of an external or internal screw thread. The
screw is specified by this diameter. It is also known as outside or nominal diameter.

2. Minor diameter. It is the smallest diameter of an external or internal screw thread. It is
also known as core or root diameter.

3. Pitch diameter. It is the diameter of an imaginary cylinder, on a cylindrical screw thread,
the surface of which would pass through the thread at such points as to make equal the width
of the thread and the width of the spaces between the threads. It is also called an effective
diameter. In a nut and bolt assembly, it is the diameter at which the ridges on the bolt are in
complete touch with the ridges of the corresponding nut.

4. Pitch. It is the distance from a point on one thread to the corresponding point on the next.
This is measured in an axial direction between corresponding points in the same axial plane.

Mathematically,

1
No. of threads per umt length of screw

Pitch =

5. Lead. It is the distance between two corresponding points on the same helix. It may also be
defined as the distance which a screw thread advances axially in one rotation of the nut. Lead
is equal to the pitch in case of single start threads, it is twice the pitch in double start, thrice
the pitch in triple start and so on.

6. Crest. It is the top surface of the thread.

7. Root. It is the bottom surface created by the two adjacent flanks of the thread.

8. Depth of thread. It is the per endicular distance between the crest and root.

9. Flank. It is the surface joining the crest and root.



10. Angle of thread. It is the angle included by the flanks of the thread.
11. Slope. It is half the pitch of the thread.
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Stresses in Screwed Fastening due to Static Loading

The following stresses in screwed fastening due to static loading are important from the
subject point of view:

1. Internal stresses due to screwing up forces,

2. Stresses due to external forces, and

3. Stress due to combination of stresses at (1) and (2).

Initial Stresses due to Screwing up Forces

The following stresses are induced in a bolt, screw or stud when it is screwed up tightly.
1. Tensile stress due to stretching of bolt. Since none of the above mentioned stresses are
accurately determined, therefore bolts are designed on the basis of direct tensile stress with a
large factor of safety in order to account for the indeterminate stresses. The initial tension in a
bolt, based on experiments, may be found by the relation

Pi=2840d N
Where Pi = Initial tension in a bolt, and

d = Nominal diameter of bolt, in mm.

The above relation is used for making a joint fluid tight like steam engine cylinder cover
joints etc. When the joint is not required as tight as fluid-tight joint, then the initial tension in
a bolt may be reduced to half of the above value. In such cases

Pi=1420d N
The small diameter bolts may fail during tightening, therefore bolts of smaller diameter (less
than M 16 or M 18) are not permitted in making fluid tight joints. If the bolt is not initially
stressed, then the maximum safe axial load which may be applied to it, is given by

P = Permissible stress x Cross-sectional area at bottom of the thread

b

d,+d, )
Stress area = ————

[
\

+ 3

Where d, = Pitch diameter, and
dc = Core or minor diameter.

Stresses due to External Forces

The following stresses are induced in a bolt when it is subjected to an external load.
1. Tensile stress. The bolts, studs and screws usually carry a load in the direction of the bolt
axis which induces a tensile stress in the bolt.

Let d. = Root or core diameter of the thread, and



ot = Permissible tensile stress for the bolt material.

We know that external load applied,

T 3

= Z(dc)_ 0}
4P
de — T O;

Notes: (a) if the external load is taken up by a number of bolts, then
_ ;{a’rj] o, X n

(b) In case the standard table is not available, then for coarse threads, d. = 0.84 d, where d is
the nominal diameter of bolt.
2. Shear stress. Sometimes, the bolts are used to prevent the relative movement of two or
more parts, as in case of flange coupling, and then the shear stress is induced in the bolts. The
shear stresses should be avoided as far as possible. It should be noted that when the bolts are
subjected to direct shearing loads, they should be located in such a way that the shearing load
comes upon the body (i.e. shank) of the bolt and not upon the threaded portion. In some
cases, the bolts may be relieved of shear load by using shear pins. When a number of bolts
are used to share the shearing load, the finished bolts should be fitted to the reamed holes.
Let d= Major diameter of the bolt, and

n = Number of bolts.

Shearing load carried by the bolts,

T o] 4P5
P = —%d " ®XTxn or d=
54 TTH

3. Combined tension and shear stress. When the bolt is subjected to both tension and shear
loads, as in case of coupling bolts or bearing, then the diameter of the shank of the bolt is
obtained from the shear load and that of threaded part from the tensile load. A diameter
slightly larger than that required for either shear or tension may be assumed and stresses due
to combined load should be checked for the following principal stresses.

Maximum principal shear stress,

3

L sl
Unax = 3 J(G,) + 4T

And maximum principal tensile stress,

— + «.|'(Gz}: + 41

G:('ﬂ )

[ |Q
bt | —



These stresses should not exceed the safe permissible values of stresses.
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Contents: Stresses due to combined loading and design of cylindrical cover plates.

Stress due to Combined Forces

The resultant axial load on a bolt depends upon the following factors:

1. The initial tension due to tightening of the bolt,

2. The external load, and

3. The relative elastic yielding (springiness) of the bolt and the connected members.

When the connected members are very yielding as compared with the bolt, which is a soft
gasket, as shown in Fig. 1 (a), then the resultant load on the bolt is approximately equal to the
sum of the initial tension and the external load. On the other hand, if the bolt is very yielding
as compared with the connected members, as shown in Fig. 1(b), then the resultant load will
be either the initial tension or the external load, whichever is greater. The actual conditions
usually lie between the two extremes. In order to determine the resultant axial load (P) on the

bolt, the following equation may be used :

P_}:{+ a a - K

=B =0H+KPB | Substituting

l+a 1+ a

|
!
NN [
B

,
v

/!

/

L////

(a)

Fig.1

Where P, = Initial tension due to tightening of the bolt,

P, = External load on the bolt, and

a = Ratio of elasticity of connected parts to the elasticity of bolt.
For soft gaskets and large bolts, the value of a is high and the value of a/ (1+a) is
approximately equal to unity, so that the resultant load is equal to the sum of the initial
tension and the external load. For hard gaskets or metal to metal contact surfaces and with
small bolts, the value of a is small and the resultant load is mainly due to the initial tension
(or external load, in rare case it is greater than initial tension). The value of ‘a’ may be

estimated by the designer to obtain an approximate value for the resultant load. The values of



a/(1+ a) (i.e. K) for various type of joints are shown in the following table. The designer thus
has control over the influence on the resultant load on a bolt by proportioning the sizes of the

connected parts and bolts and by specifying initial tension in the bolt.

Values of K for various types of joints.

Bype of joint K= 1 : =
Metal to metal joint with through bolts 0.00 to 0.10
Hard copper gasket with long through bolts 0.25 t0 0.50
Soft copper gasket with long through bolts 0.50 t0 0.75
Soft packing with through bolts 0.75t0 1.00
Soft packing with studs 1.00

Design of Cylinder Covers

The cylinder covers may be secured by means of bolts or studs, but studs are preferred. The
possible arrangement of securin  the cover with bolts and studs is shown in Fig. 2 (a) and (b)
respectively. The bolts or studs, cylinder cover plate and cylinder flange may be designed as
discussed below:
1. Design of bolts or studs
In order to find the size and number of bolts or studs, the following procedure may be
adopted.
Let D = Diameter of the cylinder,

p = Pressure in the cylinder,

dc = Core diameter of the bolts or studs,

n = Number of bolts or studs, and

ow = Permissible tensile stress for the bolt or stud material.

We know that upward force acting on the cylinder cover,
18 )
pr= D )p ()

This force is resisted by n number of bolts or studs provided on the cover.

Resisting force offered by n number of bolts or studs,
T
P 2 (aI(.)J Gy X (1)

From equations (i) and (ii), we have



T y
= DPHp = e (d.)? Gy xn (i)

D,

r Cylinder cover Bolt (d)

Cylinder
flange

Cylinder
CoOver

Stud ()

“‘“ &= Cylinder

\u.l

- h.":l:-.‘-. 1

Fig. 2.

From this equation, the number of bolts or studs may be obtained, if the size of the bolt or

stud is known and vice-versa. Usually the size of the bolt is assumed. If the value of n as
obtained from the above relation is odd or a fraction, then next higher even number is
adopted. The bolts or studs are screwed up tightly, along with metal gasket or asbestos
packing, in order to provide a leak proof joint. We have already discussed that due to the
tightening of bolts, sufficient tensile stress is produced in the bolts or studs. This may break
the bolts or studs, even before any load due to internal pressure acts upon them. Therefore a

bolt or a stud less than 16 mm diameter should never be used.



The tightness of the joint also depends upon the circumferential pitch of the bolts or studs.
The circumferential pitch should be between 20 d; and 30 di , where d; is the diameter of the
hole in mm for bolt or stud. The pitch circle diameter (Dy) is usually taken as D + 2t + 3d:
and outside diameter of the cover is kept as

Do =Dp +3d; =D + 2t + 6d;
where t = Thickness of the cylinder wall.
2. Design of cylinder cover plate
The thickness of the cylinder cover plate (t1) and the thickness of the cylinder flange (t.) may
be determined as discussed below:

Let us consider the semi-cover plate as shown in Fig. 3. The internal pressure in the
cylinder tries to lift the cylinder cover while the bolts or studs try to retain it in its position.
But the centres of pressure of these two loads do not coincide. Hence, the cover plate is
subjected to bending stress. The point X is the centre of pressure for bolt load and the point Y
is the centre of internal pressure.

We know that the bending moment at A-A,

/‘./’ ’ ‘ » \.
[ 0.318+D,, —I;.ZIZ D, \

|
] 0 N
[ D 1

p Fig.3
v = Totboltload v oy = £ (0318 D, - 0212 D,

P
—x0.106 D, =0033 Px D,
2 I3 F:

2

Vi

1
—w ()
6 1

Where w = Width of plate
= Qutside dia. of cover plate — 2 x dia. of bolt hole
=Dy - 2d;
Knowing the tensile stress for the cover plate material, the value of ty may be determined by

using the bending equation,



ie,oct=M/Z

3. Design of cylinder flange

The thickness of the cylinder flange (t;) may be determined from bending consideration. A
portion of the cylinder flange under the influence of one bolt is shown in Fig. 4. The load in
the bolt produces bending stress in the section X-X. From the geometry of the figure, we find
that eccentricity of the load from section X-X is

e = Pitch circle radius — (Radius of bolt hole +Thickness of cylinder wall)

Fig.5

Bending moment, M = Load on each bolt x e
= — X g
i
R = Cylinder radius + Thickness of cylinder wall

D
==+t
-

Width of the section X-X,

TR
n Where n is the number of bolts.

W=

Section modulus,



1 2
L= —11-'(I"|}_'
6 2

Knowing the tensile stress for the cylinder flange material, the value of t, may be obtained by

using the bending equation i.e. 6;=M/ Z.
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Problems on cylinder cover plate

Problem:
A steam engine cylinder has an effective diameter of 350 mm and the maximum steam
pressure acting on the cylinder cover is 1.25 N/mm? Calculate the number and size of studs

required to fix the cylinder cover, assuming the permissible stress in the studs as 33 MPa.

Solution. Given: D =350 mm : p=1.25 N/mm? : c,=33 MPa=33 N/mm?
Let d = Nominal diameter of studs.
d. = Core diameter of studs. and
n = Number of studs.

We know that the upward force acting on the cylinder cover.
s T
PE 2% Dlxp= y (350)> 1.25 =120 265 N (i)

Assume that the studs of nominal diameter 24 mm are used. From Table 11.1 (coarse series). we
find that the corresponding core diameter (d,) of the stud is 20.32 mm.

. Resisting force offered by n number of studs,
s T
P=_x d.) o, xn= 3 (20.32)* 33xn =10 700 1N .. (i)

From equations (7) and (i7), we get
n =120 265/10 700 = 11.24 say 12 Ans.

Taking the diameter of the stud hole (d,) as 25 mm. we have pitch circle diameter of the studs,
Dp=D1 +2t+3d,=350+2 x10+3 x25=445 mm
...(Assuming ¢t = 10 mm)
-~ *Circumferential pitch of the studs
XD, @x445

— = & =116.5 mm
n 2

We know that for a leak-proof joint. the circumferential pitch of the studs should be between
20 \/E to 30 \/d; . where d, 1s the diameter of stud hole in mm.
. Mmimum circumferential pitch of the studs
=20,/d; = 20425 =100 mm
and maximum circumferential pitch of the studs

=30,/d; = 30425 =150 mm

Since the circumferential pitch of the studs obtained above lies within 100 mm to 150 mm.
therefore the size of the bolt chosen is satisfactory.

Size of the bolt =M 24 Ans.




Problem:
A mild steel cover plate is to be designed for an inspection hole in the shell of a pressure

vessel. The hole is 120 mm in diameter and the pressure inside the vessel is 6 N/mm?. Design
the cover plate along with the bolts. Assume allowable tensile stress for mild steel as 60 MPa
and for bolt material as 40 MPa.

Solution. Given : D = 120 mm or » = 60 mm : p = 6 N/mm? : G, = 60 MPa = 60 N/mm? ;
G,, =40 MPa =40 N/mm?

First for all. let us find the thickness of the pressure vessel. According to Lame's equation,
thickness of the pressure vessel,

- 3 60+ 6
t=r|: 0-'—p—l]=60[ —1}=61mu

G, —p 60 -6
Let us adopt t =10 mm
Design of bolts
Let d =Nominal diameter of the bolts,

d_ = Core diameter of the bolts. and
n = Number of bolts.
We know that the total upward force acting on the cover plate (or on the bolts),

P =§ (D) p =§ (120)26 = 67 867 N i
Let the nominal diameter of the bolt 1s 24 mm. From Table 11.1 (coarse series). we find that the

corresponding core diameter (d,) of the bolt 1s 20.32 mm.

. Resisting force offered by n number of bolts.

1 |
P= (d.)? Gy xn= = (2032)’ 40xn=6787N=12973n N ..(ii)

From equations (i) and (i7). we get
n =67867/12973=5.23 say 6
Taking the diameter of the bolt hole (d,) as 25 mm. we have pitch circle diameter of bolts,
DP =D+2t+3d, =120 +2 x10+3 x 25 =215 mm
. Circumferential pitch of the bolts
= i = X215 =112.6 mm
n 6
We know that for a leak proof joint. the circumferential pitch of the bolts should lie between

20/d; to 30,/d; .where d, is the diameter of the bolt hole in mm.
- Minimum circumferential pitch of the bolts
= 20,/d; =20/25 =100 mm



and maximum circumferential pitch of the bolts

= 30,/d, =30/25 =150 mm
Since the circumferential pitch of the bolts obtained above is within 100 mm and 150 mm.

therefore size of the bolt chosen is satisfactory.
Size of the bolt = M 24 Ans.

Design of cover plate
Let t, = Thickness of the cover plate.
The semi-cover plate is shown in Fig. 11.27.
We know that the bending moment at 4-A,
M =0.053PxD,
= 0.053 x 67 860 x 215
= 773 265 N-mm
Outside diameter of the cover plate.
B, =D,* 3d, =215+ 3 x25=290 mm
Width of the plate.
w =D —2d,=290-2 x25=240 mm
. Section modulus,

%x 240 (1) = 40 (1,)? mm?
We know that bending (tensile) stress,
6,=MZ or 60=773265/40 )
(2)? =773265/40 x60=322 or t =18 mm Ans.

1 2
= —w(4) =
Z p: )
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Lecture Notes — 43
Contents: Design of bolted joints under eccentric loading-1

Eccentric Load Acting Parallel to the Axis of Bolts

Consider a bracket having a rectangular base bolted to a wall by means of four bolts as shown
in Fig.1. A little consideration will show that each bolt is subjected to a direct tensile load of

W
W, = — . wherc n 1s the numbecr of bolts
A A A 1 2
[o'}/lf//ﬁff.fﬁf:ﬁfl/Jr sritekesiise
| T “T

| i C A
S~ \“

F_"' ' ‘\ _;Ii\_

Z_ 1 *\—\T—" -

Fig.1. Eccentric load acting parallel to the axis of bolts.

Further the load W tends to rotate the bracket about the edge A-A. Due to this, each bolt is
stretched by an amount that depends upon its distance from the tilting edge. Since the stress is
a function of elongation, therefore each bolt will experience a different load which also
depends upon the distance from the tilting edge. For convenience, all the bolts are made of
same size. In case the flange is heavy, it may be considered as a rigid body.
Let  w be the load in a bolt per unit distance due to the turning effect of the bracket and let

Wy and W- be the loads on each of the bolts at distances L; and L, from the tilting

edge.
Load on each bolt at distance Lj,

Wi =w.L;
And moment of this load about the tilting edge

=w.L; x Ly =w (Ly)?
Similarly, load on each bolt at distance L,

W, =w.L;
And moment of this load about the tilting edge

=w.L, x Ly =w (Lo)?
So, Total moment of the load on the bolts about the tilting edge

= 2w (L1)%+ 2w (L2)?...>J)



Lecture Notes — 43
... (Since, there are two bolts each at distance of Lyand L,)
Also the moment due to load W about the tilting edge
=W.L ... (ii)
From equations (i) and (ii), we have
W.L
2[()" +(L)’]

It may be noted that the most heavily loaded bolts are those which are situated at the greatest

WL =2w(L)*+2w(L,)? or w= -{ti2)

distance from the tilting edge. In the case discussed above, the bolts at distance L2 are heavily
loaded.
So, Tensile load on each bolt at distance Lo,
W L.Ly
[(L)* + (15)°]
And the total tensile load on the most heavily loaded bolt,
Wi =Wy + Wee... (iv)

If d. is the core diameter of the  olt and ot is the tensile stress for the bolt material, then total

... [From equation (7if)]

W

2

= W_,=11.'.L_,= 3

tensile load,

T
4
From equations (iv) and (v), the value of dc may be obtained.

W, = (_dc)l G, (V)

Problem:
A bracket, as shown in Fig.1, supports a load of 30 kN. Determine the size of bolts, if the
maximum allowable tensile stress in the bolt material is 60 MPa. The distances are: L1 = 80

mm, L, =250 mm, and L =500 mm.

Solution. Given : W= 30 kN : 6, = 60 MPa = 60 N/mm? ; L, =80 mm: L, =250 mm ;
L=500 mm

We know that the direct tensile load carried by each bolt.

; — z = 2 =735KkN
o B e
and load in a bolt per unit distance,
WL 30 x 500

5 — = 5 >— =0.109 kN/mm
2[(L)° + (L)1 2[(80)" + (250)7]




Since the heavily loaded bolt 1s at a distance of L, mm from the tilting edge. therefore load on
the heavily loaded bolt.
W, = wL,=0.109 x 250 =27.25 kN

174
~. Maximum tensile load on the heavily loaded bolt.

W, =W, +W,=175+2725=3475kN=34750N

Let d_ = Core diameter of the bolts.
We know that the maximum tensile load on the bolt (7).

34750 = %(dcf o, = % (d.)’ 60 =47 (d,)’
(r:z’ﬁ}2 = 34 750 /47 =740
or d. =27.2mm
From DDB (coarse series), we find that the standard core diameter of the bolt is 28.706 mm and
the corresponding size of the bolt is M 33. Ans.
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Eccentric Load Acting Perpendicular to the Axis of Bolts

A wall bracket carrying an eccentric load perpendicular to the axis of the bolts is shown in

Fig.2.

Fig. 2. Eccentric load perpendicular to the axis of bolts.
In this case, the bolts are subjected to direct shearing load which is equally shared by all the
bolts. Therefore direct shear load on each bolts,
Ws = W/n, where n is number of bolts.
A little consideration will show that the eccentric load W will try to tilt the bracket in the
clockwise direction about the edge A-A. As discussed earlier, the bolts will be subjected to
tensile stress due to the turning moment. The maximum tensile load on a heavily loaded bolt
(Wy) may be obtained in the similar manner as discussed in the previous article. In this case,
bolts 3 and 4 are heavily loaded.
Maximum tensile load on bolt 3 or 4,
W, =W, =— H.;_JLL? .
2[(LY + (L)
When the bolts are subjected to shear as well as tensile loads, then the equivalent loads may

be determined by the following relations:

Equivalent tensile load,

7, + Jom)? + a0,y |

3
I
b | —

And equivalent shear load,

: 1[ T oAt ]
W, 3 \/UTI.,I + 4(7,)

Knowing the value of equivalent loads, the size of the bolt may be determined for the given

allowable stresses.



Problem:
For supporting the travelling crane in a workshop, the brackets are fixed on steel columns as

shown in Fig. The maximum load that comes on the

p— 400 n'm]‘»‘
bracket is 12 kN acting vertically at a distance of 400 mm e
from the face of the column. The vertical face of the TTT ¢
bracket is secured to a column by four bolts, in two rows ‘

375 mm
(two in each row) at a distance of 50 mm from the lower _L
edge of the bracket. Determine the size of the bolts if the TTL
permissible value of the tensile stress for the bolt material .
50 mm

is 84 MPa. Also find the cross-section of the arm of the
bracket which is rectangular.
Solution. Given : W=12kN=12x 10° N : L =400 mun ;
L =50mm:L,=375mm: c,=84 MPa=84N mm?:n=4

We know that direct shear load on each bolt.

Since the load W will try to tilt the bracket in the clockwise direction about the lower edge,
therefore the bolts will be subjected to tensile load due to turning moment. The maximum
loaded bolts are 3 and 4 (See Fig.1), because they lie at the greatest distance from the tilting
edge A-A (i.e. lower edge).

We know that maximum tensile load carried by bolts 3 and 4,

W.LL, 12 > 400 > 375

W= Sl 1 @] 2160y 1 (73] ~ 0PN

Since the bolts are subjected to shear load as well as tensile load, therefore equivalent tensile

load,

1

2

W, + )+ 4,7 |==[629+ (6297 + 4x 3 [N

=
Il
b | =

(6.29 + B.A9) =740 kN =7490 N

ko | =



Size of the bolt

Let d. = Core diameter of the bolt.
We know that the equivalent tensile load (W7).
I y|!
7490 =+ (dc)* 0, = (d)°84 = 66 (d,)°
(d)? =7490/66=113.5 or d_.=10.65 mm

From Table 11.1 (coarse series). the standard core diameter is 11.546 mm and the corresponding
size of the bolt s M 14. Ans.

Cross-section of the arm of the bracket
Let t and b = Thickness and depth of arm of the bracket respectively.

.. Section modulus.
= L th’
6

Assume that the arm of the bracket extends upto the face of the steel column. This assumption
gives stronger section for the arm of the bracket.
. Maximum bending moment on the bracket,
M =12 x 103 x 400 = 4.8 x 106 N-mm
We know that the bending (tensile) stress (G,),
M _48x10°x6  288x10°

84 = —
Z th? th?

t.b? =28.8 x 108/ 84 =343 x 10° or t=343 < 10°/ b?

Assuming depth of arm of the bracket, b =250 mm, we have
t =343 x 10*/(250)> = 5.5 mm Auns.
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Eccentric Load on a Bracket with Circular Base

Sometimes the base of a bracket is made circular as in case of a flanged bearing of a heavy
machine tool and pillar crane etc. Consider a round flange bearing of a machine tool having

four bolts as shown in Fig. 1.

v VIS TIPS TIPS,
o ol

L

Llrdd

.z/i/ A

o

A

(a)
Fig.1. Ecce tric load on a bracket with circular base.
Let R =Radius of the column flange,
r = Radius of the bolt pitch circle,

w = Load per bolt per unit distance from the tilting edge,
L = Distance of the load from the tilting edge, and
L, Lo, Ls, and L4 = Distance of bolt centers from the tilting edge A.

As discussed in the previous article, equating the external moment W x L to the sum of the

resisting moments of all the bolts, we have,

WL = w2+ (L) + (L2 + (L]
W L
(L) + (L) + (L) + (Ly)?

Now from the geometry of the Fig. 1(b), we find that

W =

Li=R-rcosal,=R+rsina
Ls=R+rcosaand L4=R—-rsina

Substituting these values in equation (i), we get

WL
Load in the bolt situated at 1 = w.L; =
WLL W.L(R—rcosa)
4R 22 AR 4242

This load will be maximum when cos a is minimum i.e. when cos a = —1 or a = 180°.



Maximum load in a bolt
WL(R+T)
- - RE + 2 r]
In general, if there are n number of bolts, then load in a bolt
2W L (R —rcosa)
] {2}2l - rl]

And maximum load in a bolt,
_2WL(R+7)
C n@RE+r)
The above relation is used when the direction of the load W changes with relation to the bolts

as in the case of pillar crane. But if the direction of load is fixed, then the maximum load on
the bolts may be reduced by locating the bolts in such a way that two of them are equally
stressed as shown in Fig.2. In such a case, maximum load is given by

(180
R + rcos

_2WL

- n J
W= 9 7
n 2R+

T
Dowel
Knowing the value of maximum load, '

we can determine the size of the bolt.

Note: Generally, two dowel pins as S 7 \ ‘ I / ] |
shown in Fig. 2, are used to take up the i s _L \;< 8 \<
shear load. Thus the bolts are relieved N \"! s
of shear stress and the bolts are !

designed for tensile load only. Fig.2.

Problem:
A flanged bearing, as shown in Fig.1, is fastened to a frame by means of four bolts spaced
equally on 500 mm bolt circle. The diameter of bearing flange is 650 mm and a load of 400
kN acts at a distance of 250 mm from the frame. Determine the size of the bolts, taking safe
tensile stress as 60 MPa for the material of the bolts.
Solution. Given : n =4 : d = 500 mm or ¥ = 250 mm : D = 650 mm or R = 325 mm ;
W=400kN=400x 10° N: L=250mm : G, =60 MPa=60N mm?

Let d = Core diameter of the bolts.
We know that when the bolts are equally spaced. the maximum load on the bolt.



C uweL R”mr‘[%'
IrTr_ 3 5 -
il 2R+
(180"
. 15 4 95 < 222
1% 100 10° x 250 | 32>+ 230 cos |
- 1| —D1 643N

1 2(325) (134:-}?

We also know that maximum lead on the bolt (7).

s B ILY: n & i
01643 — —lde)” & =— (d.)* 60 —47.13 (d )

(d)* =91643/47.13=1945 or d. =44 mm
From DDB, we find that the standard core diameter of the bolt is 45.795 mm and
corresponding size of the bolt is M 52. Ans.
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Eccentric Load Acting in the Plane Containing the Bolts

When the eccentric load acts in the plane containing the bolts, as shown in Fig.1, then the

same procedure may be followed as discussed for eccentric loaded riveted joints.

W

Fig. 1. Eccentric load in the plane containing the bolts.

Problem:
Fig.2 shows a solid forged bracket to carry a vertical load of 13.5 kN applied through the
centre of hole. The square flange is secured to the flat side of a vertical stanchion through
four bolts. Calculate suitable diameter D and d for the arms of the bracket, if the permissible
stresses are 110 MPa in tenstion and 65 MPa in shear. Estimate also the tensile load on each
top bolt and the maximum shearing force on each bolt.

Solution. Given : W=13.5kN=13 500 N: 6,= 110 MPa =110 N'mm* : 7= 65 MPa

= 65 N/mm?

& | b
200 __|___ —- i

e
&
&

-

All dimensions in mm. All dimensions in mm.

Fig.2 Fig.3



Diameter D for the arm of the bracket
The section of the arm having D as the diameter i1s subjected to bending moment as well as
twisting moment. We know that bending moment,

M = 13 500 x (300 —25) = 3712.5 x 10> N-mm

and twisting moment, T =13 500 x 250 = 3375 x 103 N-mm

. Equivalent twisting moment,

T, = JM3 + T2 =J(3712.5x103)2 + (3375 x10*)? N-mm
= 5017 x 10 N-mm
We know that equivalent twisting moment (7).

5017 x 103 = %xrxﬁ =%><65><D3 =12.76 D?

G2 D3 =5017 x 10°/12.76 =393 x 10°
or D = 73.24 say 75 mm Ans.

Diameter (d) for the arm of the braclket
The section of the arm having d as the diameter is subjected to bending moment only. We know
that bending moment,

75
M = 13 500 (250 - 7] =2868.8 x 10° N-mm

. L 3
and sectionmodulus. Z = z xd” =0.0982d3

We know that bending (tensile) stress (G).
M  28688x10°  29.2x10°

H0="7""000824° &
d3=292x10%/110=265.5 x10* or d=64.3 say 65 mm Ans.

Tensile load on each top bolt
Due to the eccentric load W, the bracket has a tendency to tilt about the edge E—E. as shown in
Fig. 11.46.
Let w = Load on each bolt per mm distance from the tilting edge due to the
tilting effect of the bracket.

Since there are two bolts each at distance L; and L, as shown i Fig. 11.46. therefore total
moment of the load on the bolts about the tilting edge E-E
=2(mL,) L, +2(wL,)L,=2w [(Ll)2 + (Lz)z]
= 2w [(37.5)% + (237.5)?] = 115 625 wN-mm (7
(o Ly=375mmand L, =237.5 mm)
and turning moment of the load about the tilting edge
= W.L=13 500 x 300 = 4050 x 10> N-mm (i)
From equations (7) and (i7). we have
w = 4050 x 103/ 115 625 = 35.03 N/mm
. Tensile load on each top bolt
=w.L,=35.03 x237.5=8320 N Ans.



Maximum shearing force on each bolt
We know that primary shear load on each bolt acting vertically downwards.

W 13500 )
g = 7 = 2 =3375N ..~ No. of bolts, n = 4)
Since all the bolts are at equal distances from the centre of gravity of the four bolts (G),

therefore the secondary shear load on each bolt is same.

Distance of each bolt from the ceatre of gravity (G) of the bolts.

sl \l/
200 (\y
I ¥ S
AN 14/
10,~ 4
\i
W,

.. Secondary shear load on each bolt.

- Wed _ 133003250 X141 4

- = = 5067 N
270 + () + () + (1) 4 (181 ). i

Since the secondary shear load acts at right angles to the line joining the centre of gravity of
the bolt group to the centre of the bolt as shown in Fig. 4, therefore the resultant of the
primary and secondary shear load on each bolt gives the maximum shearing force on each
bolt. From the geometry of the Fig. 4, we find that

01 = 64 = 135°, and 62 = 63 = 45°

Maximum shearing force on the bolts 1 and 4

= J(Wsl)z + (W;z)2 + 2 W, X W, 5 X cos 135°

= \/(3375)3 + (5967)% — 2 x 3375 x 5967 x 0.7071 =4303 N Auns.

And maximum shearing force on the bolts 2 and 3



UNIT 4 SPRINGS

Introduction

A spring is defined as an elastic body, whose function is to distort when loaded and to recover
its original shape when the load is removed. The various important applications of springs are as
follows:

1. To cushion, absorb or control energy due to either shock or vibration as in car springs,
railway buffers, air-craft landing gears, shock absorbers and vibration dampers.
To apply forces, as in brakes, clutches and spring-loaded valves.
To control motion by maintaining contact between two elements as in cams and followers.
To measure forces, as in spring balances and engine indicators.
To store energy, as in watches, toys, etc.

arowbd

Types of Springs

Though there are many types of the springs, yet the following, according to their shape, are
important from the subject point of view.

1. Helical springs. The helical springs are made up of a wire coiled in the form of a helix and
are primarily intended for compressive or tensile loads. The cross-section of the wire from which
the spring is made may be circular, square or rectangular. The two forms of helical springs are
compression helical spring as shown in Fig (a) and tension helical spring as shown in Fig (b).

{a) Compression helical spring. () Tension helical spring.
Helical springs.

The helical springs are said to be closely coiled when the spring wire is coiled so close that
the plane containing each turn is nearly at right angles to the axis of the helix and the wire is
subjected to torsion. In other words, in a closely coiled helical spring, the helix angle is very small, it
is usually less than 10°. The major stresses produced in helical springs are shear stresses due to
twisting. The load applied is parallel to or along the axis of the spring.

In open coiled helical springs, the spring wire is coiled in such a way that there is a gap
between the two consecutive turns, as a result of which the helix angle is large. Since the
application of open coiled helical springs are limited, therefore our discussion shall confine to
closely coiled helical springs only.

The helical springs have the following advantages:

(a) These are easy to manufacture.

(b) These are available in wide range.

(c) These are reliable.

(d) These have constant spring rate.

(e) Their performance can be predicted more accurately.

(f) Their characteristics can be varied by changing dimensions.

2. Conical and volute springs. The conical and volute springs, as shown in Fig. 23.2, are
used in special applications where a telescoping spring or a spring with a spring rate that increases
with the load is desired. The conical spring, as shown in Fig (a), is wound with a uniform pitch
whereas the volute springs, as shown in Fig. (b), are wound in the form of paraboloid with constant
pitch

() Conical spring. (b) Volute spring.



and lead angles. The springs may be made either partially or completely telescoping. In either case,
the number of active coils gradually decreases. The decreasing number of coils results in an
increasing spring rate. This characteristic is sometimes utilised in vibration problems where springs
are used to support a body that has a varying mass.

The major stresses produced in conical and volute springs are also shear stresses due to

twisting.

3. Torsion springs. These springs may be of helical or spiral type as shown in Fig. The
helical type may be used only in applications where the load tends to wind up the spring and are
used in various electrical mechanisms. The spiral type is also used where the load tends to
increase the number of coils and when made of flat strip are used in watches and clocks.

The major stresses produced in torsion springs are tensile and compressive due to bending.

&
%

(b)  Spiral torsion
spring.
(a) Helical torsion spring.
Torsion springs.

4. Laminated or leaf springs. The laminated or leaf spring (also known as flat spring or
carriage spring) consists of a number of flat plates (known as leaves) of varying lengths held
together by means of clamps and bolts, as shown in Fig. These are mostly used in automobiles.

The major stresses produced in leaf springs are tensile and compressive stresses.

Laminated or leaf springs. Disc or bellevile springs.

5. Disc or bellevile springs. These springs consist of a number of conical discs held
together against slipping by a central bolt or tube as shown in Fig. These springs are used in
applications where high spring rates and compact spring units are required.

The major stresses produced in disc or bellevile springs are tensile and compressive
stresses.

6. Special purpose springs. These springs are air or liquid springs, rubber springs, ring
springs etc. The fluids (air or liquid) can behave as a compression spring. These springs are used
for special types of application only.

Uses of springs:
(a) To apply forces and to control motions as in brakes and clutches.

(b) To measure forces as in spring balance.

(c) To store energy as in clock springs.



(d) To reduce the effect of shock or impact loading as in carriage springs.

(e) To change the vibrating characteristics of a member as inflexible mounting of motors.

Derivation of the Formula :

In order to derive a necessary formula which governs the behaviour of springs, consider a closed
coiled spring subjected to an axial load W.

Let

W = axial load

D = mean coil diameter

d = diameter of spring wire

n = number of active coils

C = spring index = D / d for circular wires
| = length of spring wire

G = modulus of rigidity

x = deflection of spring

g = Angle of twist

When the spring is being subjected to an axial load to the wire of the spring gets be twisted like a
shaft.

If q is the total angle of twist along the wire and x is the deflection of spring under the action of load
W along the axis of the coll, so that

x=D/2.q

Again | = p D n [consider, one half turn of a close coiled helical spring]



Assumptions: (1) The Bending & shear effects may be neglected

(2) For the purpose of derivation of formula, the helix angle is considered to be so small
that it may be neglected.

Any one coil of a spring will be assumed to lie in a plane which is nearly ' to the axis of the spring.
This requires that adjoining coils be close together. With this limitation, a section taken
perpendicular to the axis the spring rod becomes nearly vertical. Hence to maintain equilibrium of a
segment of the spring, only a shearing force V = F and Torque T = F. r are required at any X —
section. In the analysis of springs it is customary to assume that the shearing stresses caused by
the direct shear force is uniformly distributed and is negligible

So applying the torsion formula.

Using the torsion formula i.e

T.7.58
Jdo
d
and substtituting J = H;T = '-.-'-.-'.E
32 2
2
i =—;l=mnD
ol = Ab-x

SPRING DEFLECTION

wdl2  G2x/D
m*  #mhin
32
Thus,
_BwDn
G.d*

Spring stiffness: The stiffness is defined as the load per unit deflection therefore

W W

e SwD*n
Gd?

Therefore

G.d*

80%n

k =

k=

Shear stress



wdi2 _ Ty

ad? d/2
32
_ BwD
arT_ g s —
max j‘?d3

WAHL'S FACTOR:

In order to take into account the effect of direct shear and change in coil curvature a stress factor is
defined, which is known as Wahl's factor

_4c-1, 0815

K = Wahl’s factor and is defined as dc -4 C

Where C = spring index = D/d

If we take into account the Wahl's factor than the formula for the shear stress
16Tk

max™

3
becomes d

Strain Energy: The strain energy is defined as the energy which is stored within a material when
the work has been done on the material.

In the case of a spring the strain energy would be due to bending and the strain energy due to
bending is given by the expansion

_TL
2E
L=mnln
Z:'?d4
B4
soafter substitutionwe get
z
U= 327 Eln
Ed

Example: A close coiled helical spring is to carry a load of 5000N with a deflection of 50 mm and a
maximum shearing stress of 400 N/mm? .if the number of active turns or active coils is 8.Estimate
the following:

(i) Wire diameter

(ii) Mean coil diameter

(iif) Weight of the spring.

Assume G = 83,000 N/mm? ; r = 7700 kg/m®
Solution:

(i) For wire diameter if W is the axial load, then



T
— max™

wd/2 _
ad? d/2
32

400 md* 2
S di2732w
_A00.md* 2
~ A000.16

D=00314d4°
Further, deflection is given as

_BwD¥n
G.d*
on substituting the relevant parameters we get

_ 8.5000.(0.03144°y 8

50
83,000 .d4%
d=13.32mm
Therefore,

D =.0314 x (13.317)°’mm
=74.15mm

D =74.15mm
Weight

tassarweight = volume. density

= area.length of the spring. density of spring material
??dz

= —. mDn.
g e

On substituting the relevant parameters we get
Weight = 1.996 kg
=20kg

Close — coiled helical spring subjected to axial torque T or axial couple.

In this case the material of the spring is subjected to pure bending which tends to reduce Radius R
of the cails. In this case the bending moment is constant through out the spring and is equal to the

applied axial Torque T. The stresses i.e. maximum bending stress may thus be determined from
the bending theory.



Y rrax _I_
_Tdi2
= Hd4

B4
32T
max _F

Deflection or wind — up angle:
Under the action of an axial torque the deflection of the spring becomes the “wind — up” angle of the

spring which is the angle through which one end turns relative to the other. This will be equal to the
total change of slope along the wire, according to area — moment theorem

L
e:j@ butM=T
o

El
L L
= E = l dL
n El El;
Thus, as'T 'remainsconstant
8= E
El
Futher
L=maln
?Td4
[= —
B4
Therefore, on substitution the value of & ohtained is
_B4ATDn
o= !
Ed

Springs in Series: If two springs of different stiffness are joined endon and carry a common load
W, they are said to be connected in series and the combined stiffness and deflection are given by

the following equation.

K+
By W
— T rHy T —t—
k ki ks
ar k2
1 1 1
—_ T e —
kooky ke W

Springs in parallel: If the two springs are joined in such a way that they have a common deflection
‘X’; then they are said to be connected in parallel. In this case the load carried is shared between

the two springs and total load W = W1 + W,



W, = 2

Futher
WY=L

Terms used in Compression Springs

The following terms used in connection with compression springs are important from the
subject point of view.

1. Solid length. When the compression spring is compressed until the coils come in contact
with each other, then the spring is said to be solid. The solid length of a spring is the product of
total number of coils and the diameter of the wire. Mathematically,

Solid length of the spring,
Lg =n'd
where n'= Total number of coils, and
d = of the wire.

2. Free length. The free length of a compression spring, as shown in Fig. is the length of the
spring in the free or unloaded condition. It is equal to the solid length plus the maximum

deflection or compression of the spring and the clearance between the adjacent coils (when fully
compressed). Mathematically,

Free length of the spring,
Lg = Solid length + Maximum compression + *Clearance between
adjacent coils (or clash allowance)
=n"d+ Oy +0.15 &y
The following relation may also be used to find the free length of the spring, i.e.
Ly =n'd+ 8,4+ (n'—1)x 1 mm
In this expression, the clearance between the two adjacent coils is taken as 1 mm.

3. Spring index. The spring index is defined as the ratio of the mean diameter of the coil to
the diameter of the wire. Mathematically,

Spring index, C=D/d
where D = Mean diameter of the coil, and
d = Diameter of the wire.

4. Spring rate. The spring rate (or stiffness or spring constant) is defined as the load required
per unit deflection of the spring. Mathematically,

Spring rate, k=WwW/d
where W = Load, and
0 = Deflection of the spring.

5. Pitch. The pitch of the coil is defined as the axial distance between adjacent coils in
uncompressed state. Mathematically,

Pitch of the coil, p = Free length
n'—1
The pitch of the coil may also be obtained by using the following relation, i.e.



Pitch of the coil, p= LFE-Ls 14

n
where LF = Free length of the spring,

“s = Solid length of the spring,
n' = Total number of coils, and

d = Diameter of the wire.
In choosing the pitch of the coils, the following points should be noted :
(a) The pitch of the coils should be such that if the spring is accidently or carelessly
compressed, the stress does not increase the yield point stress in torsion.
(b) The spring should not close up before the maximum service load is reached.

Note : In designing a tension spring (See Example 23.8), the minimum gap between two coils when the
spring is in the free state is taken as 1 mm. Thus the free length of the spring,

Ly =nd+((n-1)
Lp
and pitch of the coil, p= n-1

Example 1. Design a helical compression spring for a maximum load of 1000 N for a
deflection of 25 mm using the value of spring index as 5.

The maximum permissible shear stress for spring wire is 420 MPa and modulus of rigidity is
84 kN/mmZ.

Take Wahl’s factor, K = 4C—1+ 0.615, where C = Spring index.

4C— 4 C 5

Solution. Given: W= 1000 N; ® =25 mm; C=D/d=5;1=420 MPa=420 N/mm ; G
=84 kN/mm2 =84 x 103 N/mm2
1. Mean diameter of the spring coil

Let D = Mean diameter of the spring coil, and
d = Diameter of the spring wire.
We know that Wahl’s stress factor,

X = 4C—1. 0615—4-5-1 . 0.615—131
4C-4 C 4-5-4 5

and maximum shear stress (T),

_ 8W.C_ 8-1000-5 _ 16677
420 = K- ——=131- — -
md md d
d> = 16677/420=39.7 or d=6.3 mm

we shall take a standard wire of size SWG 3 having diameter (d ) = 6.401 mm.
.. Mean diameter of the spring coil,
D=Cd=5d=5x%6.401 =32.005 mm Ans. ..(."C=DIld=5)
and outer diameteLof the spring coil,
0 =D+d=32.005+ 6.401 = 38.406 mm Ans.
2. Number of turns of the coils
Let n = Number of active turns of the coils.

we know that compression of the spring (),

$W.C°n 8 -1000(5)° n
25 = = 3 =1.86n
G.d 84 - 10" - 6.401
. n= 25/1.86 =13.44 say 14 Ans.
For squared and ground ends, the total number of turns, n’
=n+2=14+2=16 Ans.

3. Free length of the spring

We know that free length of the spring



=n'd+0+0.150=16 x6.401 +25+0.15 x 25

= 131.2 mm Ans.
4. Pitch of the coil

We know that pitch of the coil
Free length 131.2
=n-1 = 16-1 =8.75 mm Ans.

Example 2. Design a close coiled helical compression spring for a service load ranging
from 2250 N to 2750 N. The axial deflection of the spring for the load range is 6 mm. Assume a
spring index of 5. The permissible shear stress intensity is 420 MPa and modulus of rigidity, G =
84 kN/mm' .

Neglect the effect of stress concentration. Draw a fully dimensioned sketch of the spring,
show-ing details of the finish of the end coils.

Solution. Given : W1 =2250N; W =2750 N ;0 =6 mm ; C=D/d =5 ;1= 420 MPa =
420 N/mm2 ;G=84 kN/mm2 =84 x 103 N/mrn2
1. Mean diameter of the spring coil

Let D = Mean diameter of the spring coil for a maximum load of

Wp =2750 N, and
d = Diameter of the spring wire.
We know that twisting moment on the spring,

D 5d
T=Wy - = =2750-— =6875d LC

11
al| o
I
W

We also know that twisting moment (7'),
6875d= T 1-d> = T .420.d>=8248d"
16 16
dz =6875/82.48=83.35 or d=9.13 mm

From Table 23.2, we shall take a standard wire of size SWG 3/0 having diameter (d ) = 9.49
mm. .. Mean diameter of the spring coil,

D=5d=5 %949 =47.45 mm Ans.
We know that outer diameter of the spring coil,

D,=D+d=4745+9.49 =56.94 mm Ans.
and inner diameter of the spring coil,

D;j =D—d=4745-9.49 =37.96 mm Ans.

2. Number of turns of the spring coil

Let n = Number of active turns.

It is given that the axial deflection (8) for the load range from 2250 N to 2750 N (i.e. for W=
500 N) is 6 mm.

We know that the deflection of the spring (d),

3 3

8W.C™ n 8-500(5) n 0631

Gd  84-10°-9.49 —
n=6/0.63=9.5say 10 Ans.

6=




For squared and ground ends, the total number of turns, n"= 10 +2 =12 Ans.
3. Free length of the spring

Since the compression produced under 500 N is 6 mm, therefore maximum compression produced
under the maximum load of 2750 N is

Omax =6/500%2750=33 mm
We know that free length of the spring,

Ly =n'd+ dyqx + 0.15 8y0x
=12%x949+33+0.15x33
=151.83 say 152 mm Ans.

4. Pitch of the coil
We know that pitch of the coil

Free length 152
= n'-1 =12-1=13.73say 13.8 mm Ans.



Problem 16.39. A closely coiled helical spring of mean diameter 20 cm is made of 3 cm

-dzameter rod and has 16 turns. A weight of 3 kN is dropped on this spring. Find the height by

which the weight should be dropped before striking the spnng so that the spring may be com-
“pressed by 18 em. Take C = 8 x 10* N/mm?>,

.'0]_“

“or

Sol. Given : .

Mean dia. of coil, D=20cm =200 mm
Mean radius of coil, = ?_gg = 100 mm

Dia. of spring rod, d=3cm= 30 mm

Number of turns, n=16

Weight dropped, W=3kN=3000 N

Compression of the Sprmg, 0=18cm =180 mm
Modulus of rigidity, C = & x 104 N/mm?
Let A = Height through which the weight W is. dropped

W = Gradually applied load which produces the compressmn of spring equal fo
' 180 mm.

Now using equation (16.28),
64W.R%.n

cd*

64 x W x100° x 16
~ 8x10% x 30°
_ 180 x 8 x 10* x 30*
T 64x100° x 16

Work done by the falling weight on spring
= Weight falling (& + 6) ='3000 (% + 180) N-mm

&=

= 11396 N

Energy stored in the sprmg =4 Wx?d

> X 11390 x 180 = 10251{}0 N-mm.
- Equating the work done by the fallmg welght on the spring to the energy stored in the

spring, we get-

';‘I'

' 3000(h + 180) = 1025100

1025100 ) '
h+180 = W = 341.7 mm

h=341.7-180 = 161.7mm. Ans.



Problem 16.43. A closely coiled helical spring made. of 10 mm diameter steel wire has
15 coils of 100 mm mean diameter. The spring is subjected to an axial load of 100 N. Calculate :

i) The maximum shear stress induced,
(i) The deflection, and
(iit) Stiffness of the spring.
Take modulus of rigidity, C = 8,16 x 10 N/mm?2.
(AMIE, Winter 1990 ; Converted to S.L units)
Sol. Given : '
Dia. of wire,  d =10 mm
Number of coils, n =15
Mean dia. of coil, D = 100 mm

10
Mean radius of coil, K = 5 = 50 mm

Axial load, W=100N

Modulus of rigidity,  C = 8.16 x 10 N/mm?

(i) Maximum shear stress induced

16WR 16 x 100 x 50

= =24.46 2, Ans.
nd® mx 103 N/mm® s

Using equation (16.24), 1=

(it) The deflection (8)
Using equation {16.26),
6AW xR3 xn 64 x 100x 50" x 15
8= TG dt T 816x10°x10°
= 14.7 mm. Ans.
(i2i) Stiffness of the spring

*Load on épring
Deflection of spring

Stiffness =

- Load'on spnng _ 100 - 6.802 N/mm. Ans.
Deflection of spring 14.7




UNIT 5
JOURNAL BEARINGS

BEARINGS

A bearing is machine part, which support a moving element and confines its motion. The
supporting member is usually designated as bearing and the supporting member may be journal.
Since there is a relative motion between the bearing and the moving element, a certain amount of
power must be absorbed in overcoming friction, and if the surface actually touches, there will be
a rapid wear.

Classification: Bearings are classified as follows:
1. Depending upon the nature of contact between the working surfaces:-

a) Sliding contact bearings
b) Rolling contact bearings.

a) SLIDING BEARINGS:

e Hydrodynamically lubricated bearings

e Bearings with boundary lubrication

e Bearings with Extreme boundary lubrication.
e Bearings with Hydrostatic lubrication.

b) ROLLING ELEMENT BEARINGS:

= Ball bearings
= Roller bearings
= Needle roller bearings

c) Based on the nature of the load supported:
e Radial bearings - Journal bearings
e Thrust bearings
- Plane thrust bearings
- Thrust bearings with fixed shoes
- Thrust bearings with Pivoted shoes
e Bearings for combined Axial and Radial loads.

JOURNAL BEARING:

It is one, which forms the sleeve around the shaft and supports a bearing at right angles to
the axis of the bearing. The portion of the shaft resting on the sleeve is called the journal.
Example of journal bearings are- Solid bearing , Bushed bearing and Pedestal bearing.

Solid bearing:

A cylindrical hole formed in a cast iron machine member to receive the shaft which
makes a running fit is the simplest type of solid journal bearing. Its rectangular base plate has
two holes drilled in it for bolting down the bearing in its position as shown in the figurel.1l. An
oil hole is provided at the top to lubricate the bearing. There is no means of adjustment for wear



and the shaft must be introduced into the bearing endwise. It is therefore used for shafts, which
carry light loads and rotate at moderate speeds.

~ Oil hole /—Oil hole

Bush —_ i
Cast iron block . %‘% Bearing block
N

i

| ,, |
V ! 777 [ l 7, % /,,,‘f / /,, / 77 l
{ NZ | 7 700 %
: : : \—Grub screw |
Fig.71  Solid bearing Fig. 72 Bushed bearing

Bushed bearing:

It consists of mainly two parts, the cast iron block and bush; the bush is made of soft
material such as brass, bronze or gunmetal. The bush is pressed inside the bore in the cast iron
block and is prevented from rotating or sliding by means of grub- screw as shown if the figure
1.2. When the bush gets worn out it can be easily replaced. Elongated holes in the base are
provided for lateral adjustment.

Pedestal bearing:

It is also called Plummer block. Figure 1.3 shows half sectional front view of the
Plummer block. It consists of cast iron pedestal, phosphor bronze bushes or steps made in two
halves and cast iron cap. A cap by means of two square headed bolts holds the halves of the steps
together. The steps are provided with collars on either side in order to prevent its axial
movement. The snug in the bottom step, which fits into the corresponding hole in the body,
prevents the rotation of the steps along with the shaft. This type of bearing can be placed any
where along the shaft length.

Fig 1.3 : Pedestal Bearing

Thrust bearing:

It is used to guide or support the shaft, which is subjected to a load along the axis of the
shaft. Since a thrust bearing operates without a clearance between the conjugate parts, an
adequate supply of oil to the rubbing surfaces is extremely important. Bearings designed to carry
heavy thrust loads may be broadly classified in to two groups



FOOT STEP BEARING, AND COLLAR BEARING

Footstep bearing: Footstep bearings are used to support the lower end of the vertical shafts.
A simple form of such bearing is shown in fig 1.4. It consists of cast iron block into which a
gunmetal bush is fitted. The bush is prevented from rotating by the snug provided at its neck.
The shaft rests on a concave hardened steel disc. This disc is prevented from rotating along with
the shaft by means of pin provided at the bottom.

Foot step bearing

Fig:1.4 Foot step Bearing



Collar bearing:

The simple type of thrust bearing for horizontal shafts consists of one or more collars cut
integral with the shaft as shown in fig.1.5. These collars engage with corresponding bearing
surfaces in the thrust block. This type of bearing is used if the load would be too great for a step
bearing, or if a thrust must be taken at some distance from the end of the shaft. Such bearings
may be oiled by reservoirs at the top of the bearings.

Collars
Qil hole

Thrust Thrust

%
/ Block

Single collar bearing Multi collar bearing
Fig.1.5 Collar bearings
Thrust bearings of fixed inclination pad and pivoted pad variety are shown in figure 1.6 a &

b. These are used for carrying axial loads as shown in the diagram. These bearings operate on
hydrodynamic principle.

lF

—— 3

=5 = =%

Fig.1.6a Fixed-incline-pads thrust bearing Fig.1.6b Pivoted-pads thrust bearing

Rolling contact bearings:

The bearings in which the rolling elements are included are referred to as rolling contact
bearings. Since the rolling friction is very less compared to the sliding friction, such bearings are
known as anti friction bearings.



Ball bearings:

It consists of an inner ring which is mounted on the shaft and an outer ring which is carried
by the housing. The inner ring is grooved on the outer surface called inner race and the outer ring
is grooved on its inner surface called outer race. In between the inner and outer race there are
number of steel balls. A cage pressed steel completes the assembly and provides the means of
equally spacing and holding the balls in place as shown in the figure 1.7. Radial ball bearings are
used to carry mainly radial loads, but they can also carry axial loads.

Cylindrical roller bearings

The simplest form of a cylindrical roller bearing is shown in fig 1.8. It consists of an
inner race, an outer race, and set of roller with a retainer. Due to the line contact between
the roller and the raceways, the roller bearing can carry heavy radial loads.

Tapered roller bearings:

In tapered roller bearings shown in the fig. 1.9, the rollers and the races are all truncated
cones having a common apex on the shaft centre to assure true rolling contact. The tapered roller
bearing can carry heavy radial and axial loads. Such bearings are mounted in pairs so that the
two bearings are opposing each other’s thrust.

1.2.2 ADVANTAGES OF SLIDING CONTACT BEARINGS:

They can be operated at high speeds.

They can carry heavy radial loads.

They have the ability to withstand shock and vibration loads.
Noiseless operation.

Disadvantages:

e High friction losses during staring.
e More length of the bearing.
e Excessive consumption of the lubricant and high maintenance.

1.2.3 ADVANTAGES ROLLING CONTACT BEARINGS:
e Low starting and less running friction.
e |t can carry both radial as well as thrust loads.
e Momentary over loads can be carried without failure.
e Shaft alignment is more accurate than in the sliding bearings.
Disadvantages

More noisy at high speeds.

Low resistance to shock loads.

High initial cost.

Finite life due to eventual failure by fatigue



1.4 LUBRICATION:

Prevention of metal to metal contact by means of an intervening layer of fluid or fluid like
material.

Types of sliding lubrication:

¢ Sliding with Fluid film lubrication.

¢ Sliding with Boundary lubrication.
 Sliding with Extreme boundary lubrication.
e Sliding with clean surfaces.

1.4.1 HYDRODYNAMIC / THICK FILM LUBRICATION / FLUID FILM LUBRICATION

Metal to Metal contact is prevented. This is shown in figure 1.10. Friction in the
bearing is due to oil film friction only.Viscosity of the lubricant plays a vital role in the power
loss, temperature rise & flow through of the lubricant through the bearing.The principle
operation is the Hydrodynamic theory.This lubrication can exist under moderately loaded
bearings running at sufficiently high speeds.

(@) Thick film

Fig.1.10 Thick Film Lubrication
1.4.2 BOUDARY LUBRICATION (THIN FILM LUBRICATION)

During starting and stopping, when the velocity is too low, the oil film is not capable of
supporting the load. There will be metal to metal contact at some spots as shown in figure 1.11.
Boundary lubrication exists also in a bearing if the load becomes too high or if the viscosity of
the lubricant is too low. Mechanical and chemical properties of the bearing surfaces and the
lubricants play a vital role.

Boundary film

Fig.1.11 Boundary Lubrication



Oiliness of lubricant becomes an important property in boundary lubrication. Anti oxidants and
Anti-corrosives are added to lubricants to improve their performance. Additives are added to
improve the viscosity index of the lubricants.

Oiliness Agents
e Increase the oil film’s resistance to rupture, usually made from oils of animalsor
vegetables.
e The molecules of these oiliness agents have strong affinity for petroleum oil and for
metal surfaces that are not easily dislodged.
e Oiliness and lubricity (another term for oiliness), not related to viscosity, manifest itself
under boundary lubrication; reduce friction by preventing the oil film breakdown.

Anti-Wear Agents

Mild EP additives protect against wear under moderate loads for boundary
lubrications Anti-wear agents react chemically with the metal to form a protective
coating that reduces friction, also called as anti-scuff additives.

1.4.3 Extreme boundary lubrication

Under certain conditions of temperature and load, the boundary film breaks leading to
direct metal to metal contact as shown in figure 1.12. Seizure of the metallic surfaces and
destruction of one or both surfaces begins. Strong intermolecular forces at the point of contact
results in tearing of metallic particles. “Plowing” of softer surfaces by surface irregularities of
the harder surfaces. Bearing material properties become significant. Proper bearing materials
should be selected.
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Fig.1.12 Extreme Boundary Lubrication

Extreme-Pressure Agents

Scoring and pitting of metal surfaces might occur as a result of this case, seizure is the
primarily concern. Additives are derivatives of sulphur, phosphorous, or chlorine. These
additives prevent the welding of mating surfaces under extreme loads and temperatures.



Stick-Slip Lubrication

A special case of boundary lubrication when a slow or reciprocating action exists. This
action is destructive to the full fluid film. Additives are added to prevent this phenomenon
causing more drag force when the part is in motion relative to static friction. This prevents
jumping ahead phenomenon.

1.4.4 Solid film lubrication

When bearings must be operated at extreme temperatures, a solid film lubricant such as
graphite or molybdenum di-sulphide must be used because the ordinary mineral oils are not
satisfactory at elevated temperatures. Much research is currently being carried out in an effort to
find composite bearing materials with low wear rates as well as small frictional coefficients.

1.4.5. Hydrostatic lubrication

Hydrostatic lubrication is obtained by introducing the lubricant, which is sometimes air or
water, into the load-bearing area at a pressure high enough to separate the surfaces with a
relatively thick film of lubricant. So, unlike hydrodynamic lubrication, this kind of lubrication
does not require motion of one surface relative to another. Useful in designing bearings where
the velocities are small or zero and where the frictional resistance is to be an absolute minimum.

1.4.6 Elasto Hydrodynamic lubrication

Elasto-hydrodynamic lubrication is the phenomenon that occurs when a lubricant is
introduced between surfaces that are in rolling contact, such as mating gears or rolling bearings.
The mathematical explanation requires the Hertzian theory of contact stress and fluid mechanics.

1.5 Newton’s Law of Viscous Flow

In Fig. 1.13 let a plate A be moving with a velocity U on a film of lubricant of thickness h.
Imagine the film to be composed of a series of horizontal layers and the force F causing these
layers to deform or slide on one another just like a deck of cards. The layers in contact with the
moving plate are assumed to have a velocity U; those in contact with the stationary surface are
assumed to have a zero velocity. Intermediate layers have velocities that depend upon their
distances y from the stationary surface.

Newton’s viscous effect states that the shear stress in the fluid is proportional to the rate of change
of velocity with respect to y.

Thus
T =F/A = Z (du/dy).
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Fig.1.13 Viscous flow

where Z is the constant of proportionality and defines absolute viscosity, also called dynamic
viscosity. The derivative du/dy is the rate of change of velocity with distance and may be called
the rate of shear, or the velocity gradient. The viscosity Z is thus a measure of the internal
frictional resistance of the fluid.

For most lubricating fluids, the rate of shear is constant, and du/dy = U/h. Fluids exhibiting this
characteristic are known as a Newtonian fluids.

Therefore 1t =F/A =2Z (U/h).

The absolute viscosity is measured by the pascal-second (Pa - s) in Sl; this is the same as

a Newton-second per square meter.

The poise is the cgs unit of dynamic or absolute viscosity, and its unit is the dyne second per
square centimeter (dyn - s/cmz2). It has been customary to use the centipoises (cP) in analysis,
because its value is more convenient. The conversion from cgs units to SI units is as follows:

Z (Pa-s)= (10)2 Z (cP)
Kinematic Viscosity is the ratio of the absolute Viscosity to the density of the lubricant.
Zv=ZIp
The ASTM standard method for determining viscosity uses an instrument called the Saybolt
Universal Viscosimeter. The method consists of measuring the time in seconds for 60 mL of

lubricant at a specified temperature to run through a tube 17.6 micron in diameter and 12.25 mm
long. The result is called the kinematic viscosity, and in the  past



the unit of the square centimeter per second has been used. One square centimetre per second
is defined as a stoke.

The kinematic viscosity based upon seconds Saybolt, also called Saybolt Universal viscosity
(SUV) in seconds, is given by:

Zk = (0.22t 180/t )

where Zy is in centistokes (cSt) and t is the number of seconds Saybolt.

1.6 Viscosity -Temperature relation

Viscous resistance of lubricating oil is due to intermolecular forces. As the temperature
increases, the oil expands and the molecules move further apart decreasing the intermolecular
forces. Therefore the viscosity of the lubricating oil decreases with temperature as shown in the
figure.1.14. If speed increases, the oil’s temperature increases and viscosity drops, thus making it
better suited for the new condition. An oil with high viscosity creates higher temperature and this
in turn reduces viscosity. This, however, generates an equilibrium condition that is not optimum.
Thus, selection of the correct viscosity oil for the bearings is essential.

Absolute viscosity (mPas)

“10 20 30 40 S0 &0 70 80 00 100 110 120 130 140
Temperature (°C)

Fig.1.14 Viscosity temperature relationship

Viscosity index of a lubricating oil

Viscosity Index (V.1) is value representing the degree for which the oil viscosity changes
with temperature. If this variation is small with temperature, the oil is said to have a high
viscosity index. The oil is compared with two standard oils, one having a V.I. of 100 and the
other Zero. A viscosity Index of 90 indicates that the oil with this value thins out less rapidly
than an oil with V.1. of 50.



1.7 Types of lubricants

e Vegetable or Animal oils like Castor oil, Rapeseed oil, palm oil, Olive oil etc.
e Animal oils like lard oil, tallow oil, whale oil, etc.
e Mineral oils-petroleum based- Paraffinic and Naphthenic based oils

Properties of lubricants

e Availability in wide range of viscosities.
e High Viscosity index.
e Should be Chemically stable with bearing material at all temperatures encountered.

e Oil should have sufficient specific heat to carry away heat without abnormal risein
temperature.

e Reasonable cost.
Selection Guide for Lubricants

The viscosity of lubricating oil is decisively for the right thickness of the lubricating
film (approx. 3-30um) under consideration of the type of lubricant supply

Low sliding speed High Viscosity
High sliding speed Low viscosity
High bearing clearance High Viscosity
High load ( Bearing pressures) Higher Viscosity

1.8 Bearing materials

Relative softness (to absorb foreign particles), reasonable strength, machinability (to
maintain tolerances), lubricity, temperature and corrosion resistance, and in some cases,
porosity (to absorb lubricant) are some of the important properties for a bearing material.

A bearing element should be less than one-third as hard as the material running against it
in order to provide embedability of abrasive particles.

A bearing material should have high compression strength to withstand high pressures
without distortion and should have good fatigue strength to avoid failure due to pitting. e.g. in
Connecting rod bearings, Crank shaft bearings, etc. A bearing material should have
conformability. Soft bearing material has conformability. Slight misalignments of bearings can
be self-correcting if plastic flow occurs easily in the bearing metal. Clearly there is a
compromise between load-bearing ability and conformability.

In bearings operating at high temperatures, possibility of oxidation of lubricating oils
leading to formation of corrosive acids is there. The bearing material should be corrosion
resistant. Bearing material should have easy availability and low cost. The bearing
material



should be soft to allow the dirt particles to get embedded in the bearing lining and avoid further
trouble. This property is known as Embeddability.

Different Bearing Materials

e Babbitt or White metal -- usually used as a lining of about 0.5mm thick
bonded to bronze, steel or cast iron.

¢ Lead based & Tin based Babbitt’s are available.
e Excellent conformability and embeddability

e (Good corrosion resistance.

e Poor fatigue strength

e Copper Based alloys - most common alloys are copper tin, copper lead, phosphor
bronze: harder and stronger than white metal: can be used un-backed as a solid
bearing.

e Aluminum based alloys - running properties not as good as copper based alloys but
cheaper.

o Ptfe - suitable in very light applications

e Sintered bronze - Sintered bronze is a porous material which can be
impregnated with oil, graphite or Ptfe. Not suitable for heavily loaded
applications but useful where lubrication is inconvenient.

* Nylon - similar to Ptfe but slightly harder: used only in very lightapplications.

Triple-layer composite bearing material consists of 3 bonded layers: steel backing, sintered
porous tin bronze interlayer and anti-wear surface as shown in figure 1.15. High load capacities
and low friction rates, and are oil free and anti-wear.

Lead-tin alloy overlay Q03 wm
— ESSSSS TSSO =
s VAT
~—Copper—lead or
Steel backing aluminium-tin
strig alloy

Fig.1.15 Tri-metal Bearing

If oil supply fails, frictional heating will rapidly increase the bearing temperature, normally lead
to metal-to-metal contact and eventual seizure. Soft bearing material (low melting point) will be
able to shear and may also melt locally. Protects the journal from severe surface damage, and
helps to avoid component breakages (sudden locking of matingsurfaces).



1.9 Petroff’s Equation for lightly Loaded Bearings

The phenomenon of bearing friction was first explained by Petroff on the assumption that
the shaft is concentric. This can happen when the radial load acting on the bearing is zero or very
small, speed of the journal is very high and the viscosity of the lubricant is very high. Under
these conditions, the eccentricity of the bearing (the offset between journal center and bearing
center) is very small and the bearing could be treated as a concentric bearing as shown in figure
1.16
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Fig.1.16 Concentric Bearing

Let us now consider a shaft rotating in a guide bearing. It is assumed that the bearing carries a
very small load, that the clearance space is completely filled with oil, and that leakage is
negligible (Fig. 7.16). Let the radius of the shaft be r, and the length of the bearing by |.

If the shaft rotates at N’ rev/s, then its surface velocity is U = 2ur N". Since the shearing stress in
the lubricant is equal to the velocity gradient times the viscosity,

t=ZU/h=2urNZ/c

where the radial clearance c has been substituted for the distance h.

F= Frictional force= t A= (2urN"Zz/c) (2url)= (4u2r’lZN’/c)

Frictional torque= Fr = (4u2r’lZN’/c)

The coefficient of friction in a bearing is the ratio of the frictional force F to the Radial load
W on the bearing. f =F/W=(4u2r’lZN’/cW)

The unit bearing pressure in a bearing is given by p= W/2rL= Load/ Projected Area of the
Bearing. Or W= 2prL

Substituting this in equation for f and simplifying



f = 2u? (ZN’Ip) (r/c)

This is the Petroff’s equation for the coefficient of Friction in Lightly Loaded bearings.

Example on lightly loaded bearings

E1. A full journal bearing has the following specifications:
e Journal Diameter:46 mm
e Bearing length: 66 mm
e Radial clearance to radius ratio: 0.0015
e speed : 2800 r/min
e Radial load: 820 N.
e Viscosity of the lubricant at the operating temperature:8.4 cP

Considering the bearing as a lightly loaded bearing, Determine (a) the friction torque (b)
Coefficient of friction under given operating conditions and (c) power loss in the bearing.

Solution:

Since the bearing is assumed to be a lightly loaded bearing, Petroff’s equation for the
coefficient of friction can be used.

f = 2u% (ZN’/Ip) (r/c)

N = 2800/60=46.66 r/sec.
Z=84cP=84x10"
Pa.secr =46/2 =23 mm =
0.023 m

P=w/2rL= 820/ 2X0.023X0.066= 270092 Pa.
Substituting all these values in the equation for f,f = 0.019

T=Frictional torque: Frictional force x Radius of the
Journal
=(fW)r
=0.019 x 820 x 0.023
=0.358 N-m

= 0.358 x 46.66/ 1000
=0.016 kw



1.10 HYDRODYNMIC JOURNAL
BEARINGS Concept

The film pressure is created by the moving surface itself pulling the lubricant into a
wedge-shaped zone at a velocity sufficiently high to create the pressure necessary to separate the
surfaces against the load on the bearing.

One type occurs when the rate of shear across the oil film is a constant value and the line
representing the velocity distribution is a straight line. In the other type the velocity distribution
is represented by a curved line, so that the rate of shear in different layers across the oil film is
different. The first type takes place in the case of two parallel surfaces having a relative motion
parallel to each other as shown in Fig.1.19.

A — B —
h
A 7 B
Stationary
y
Fig. 1.19 Velocity profiles in a parallel-surface slider bearing.

There is no pressure development in this film. This film cannot support an external Load.
The second type of velocity distribution across the oil film occurs if pressure exists in the film.
This pressure may be developed because of the change of volume between the surfaces so that a
lubricant is squeezed out from between the surfaces and the viscous resistance of flow builds up
the pressure in the film as shown in Fig 1.20 or the pressure may be developed by other means
that do not depend upon the motion of the surfaces or it may develop due to the combination of
factors. What is important to note here is the fact that pressure in the oil film is always present if
the velocity distribution across the oil film is represented by a curved line

5 . Film pressure
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Fig.1.20 Flow between two parallel surface



Plate AB is stationary while A’ B’ is moving perpendicular to AB.
Note that the velocity distribution is Curvilinear. This is a pressure induced flow.
This film can support an External load.

Hydrodynamic film formation

Consider now the case of two non parallel planes in which one is stationary while the
other is in motion with a constant velocity in the direction shown in Fig 1.21. Now consider the
flow of lubricant through the rectangular areas in section AA’ and BB’ having a width equal to
unity in a direction perpendicular to the paper.

The volume of the lubricant that the surface A’B’ tends to carry into the space between
the surfaces AB and A’B’ through section AA’ during unit time is AC’A’. The volume of the
lubricant that this surface tends to discharge from space through section BB’ during the same
period of time is BD’B’. Because the distance AA’ is greater than BB’ the volume AC’A’ is
greater than volume BC’B’ by a volume AEC’. Assuming that the fluid is incompressible and
that there is no flow in the direction perpendicular to the motion, the actual volume of oil carried
into the space must be equal to the discharge from this space. Therefore the excess volume of oil
is carried into these space is squeezed out through the section AA’ and BB’ producing a
constatnt pressure — induced flow through these sections.
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Fig.1.22 Resultant Velocity Distribution



The actual velocity distribution in section AA’ and BB’ is the result of the combined flow
of lubricant due to viscous drag and due to pressure —induced flow. The resultant velocity
distributions across these sections are as shown in Fig 1.22.

The curve A’NB’ shows the general character of the pressure distribution in the oil film
and the line LM shows the mean pressure in the oil film. Because of the pressure developed in
the oil film the, plane A’B’ is able to support the vertical load W applied to this plane,
preventing metal to metal contact between the surfaces AB and A’B’. This load is equal to the
product of projected area of the surface AB and mean pressure in the oil film.

Conditions to form hydrodynamic lubrication
There must be a wedge-shaped space between two relative moving plates;

There must be a relative sliding velocity between two plates, and the lubricant must flow from
big entrance to small exit in the direction of the moving plate;

The lubricant should have sufficient viscosity, and the supply of the lubricant is abundant.

Formation of oil film in a Journal bearing

Imagine a journal bearing with a downward load on the shaft that is initially at rest and
then brought up to operating speed. At rest (or at slow shaft speeds), the journal will contact the
lower face of the bearing as shown in the figure 1.23. This condition is known as boundary
lubrication and considerable wear can occur. As shaft speed increases, oil dragged around by the
shaft penetrates the gap between the shaft and the bearing so that the shaft begins to “float” on a
film of oil. This is the transition region and is known as thin-film lubrication. The journal may
occasionally contact the bearing particularly when shock radial load occur. Moderate wear may
occur at these times. At high speed, the oil film thickness increases until there comes a point
where the journal does not contact the bearing at all. This is known as thick film lubrication and
no wear occurs because there is no contact between the journal and the bearing.

The various stages of formation of a hydrodynamic film is shown in figurel1.23.

(a) (b)

in
Journal Journal position Journal position Journal position
at rest during after
starting further increase under operating

in speed conditions



Pressure distribution around an idealised journal bearing

A typical pressure distribution around the journal in a hydrodynamic bearing is as shown in
the Fig. 1.24.

Fig.1.24 Bearing pressure distribution in a journal bearing

Typical oil groove patterns

Some typical groove patterns are shown in the above figure. In general, the lubricant may be
brought in from the end of the bushing, through the shaft, or through the bushing. The flow may
be intermittent or continuous. The preferred practice is to bring the oil in at the center of the
bushing so that it will flow out both ends, thus increasing the flow and cooling action.

1.13 Thermal aspects of bearing design

Heat is generated in the bearing due to the viscosity of the oil. The frictional heat is converted into
heat, which increases the temperature of the lubricant. Some of the lubricant that enters



the bearing emerges as a side flow, which carries away some of the heat. The balance of the
lubricant flows through the load-bearing zone and carries away the balance of the heat generated.
In determining the viscosity to be used we shall employ a temperature that is the average of the
inlet and outlet temperatures, or

Tav=(Ti+T )/2

where= (Ti + T) is the inlet temperature and T is the temperature rise of the lubricant from inlet
to outlet. The viscosity used in the analysis must correspond to Tay.

Self contained bearings:

These bearings are called selfcontained bearings because the lubricant sump is within the
bearing housing and the lubricant is cooled within the housing. These bearings are described as
pillow-block or pedestal bearings. They find use on fans, blowers, pumps, and motors, for
example. Integral to design considerations for these bearings is dissipating heat from the bearing
housing to the surroundings at the same rate that enthalpy is being generated within the fluid
film.

Heat dissipated based on the projected area of the
bearing: Heat dissipated from the bearing, J/S Hp=CA
(tg-ta) Where C= Heat dissipation coefficient from data hand
book

Another formula to determine the heat dissipated from the
bearing Hp= Id (T+18)%/ K3

Where K3= 0.2674x 10° for bearings of heavy construction and well ventilated = 0.4743x10°
for bearings of light construction in still air air

T= tB - tA

Where,

tz = Bearing surface temperature

ta = Ambient temperature
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For good performance thye following factors should be considered.
Surface finish of the shaft (journal): This should be a fine ground finish and preferably lapped.

Surface hardness of the shaft: It is recommended that the shaft be made of steel containing at
least 0.35-0.45% carbon. For heavy duty applications shaft should be hardened.

Grade of the lubricant: In general, the higher the viscosity of the lubricant the longer the life.
However the higher the viscosity the greater the friction, so high viscosity lubricants should only
be used with high loads. In high load applications, bearing life may be extended by cutting a
grease groove into the bearing so grease can be pumped in to thegroove.

Heat dissipation: Friction generates heat and causes rise in temperature of the bearing and
lubricant. In turn, this causes a reduction in the viscosity of the lubricating oil and could result in
higher wear. Therefore the housing should be designed with heat dissipation in mind. For
example, a bearing mounted in a Bakelite housing will not dissipate heat as readily as one
mounted in an aluminium housing.

Shock loads: Because of their oil-cushioned operation, sliding bearings are capable of operating
successfully under conditions of moderate radial shock loads. However excessive prolonged
radial shock loads are likely to increase metal to metal contact and reduce bearing life. Large out
of balance forces in rotating members will also reduce bearinglife.

Clearance: The bearings are usually a light press fit in the housing. A shouldered tool is usually
used in arbour press. There should be a running clearance between the journal and the bush. A
general rule of thumb is to use a clearance of 1/1000 of the diameter of the journal.

Length to diameter ratio(l/d ratio): A good rule of thumb is that the ratio should lie in the
range 0.5-1.5. If the ratio is too small, the bearing pressure will be too high and it will be
difficult to retain lubricant and to prevent side leakage. If the ratio is too high, the friction will be
high and the assembly misalignment could cause metal to metal contact.

Example :
Following data are given for a 360° hydrodynamic bearing:

Radial load=3.2 kN
Journal speed= 1490 r.p.m.
Journal diameter=50 mm
Bearing length=50mm
Radial clearance=0.05 mm
Viscosity of the lubricant= 25 cP

Assuming that the total heat generated in the bearing is carried by the total oil flow in the
bearing, calculate:

e Power lost in friction;

e The coefficient of friction;

e Minimum oil film thickness

e  Flow requirement in 1/min; and

e  Temperature rise.
Solution:



P= W/Ld = 3.2x1000/ (50x50) =1.28 MPa.= 1.28x10°
Pa Sommerfeld number = S= (ZN'/p) (r/c)?

r/c =25/0.0.05 = 500
Z= 25 cP = 25x107 Pa.sec
= 1490/60= 24.833 r/sec. Substituting the above values, we get
S=0.121
For S=0.121 & L/d=1,

Friction variable from the graph= (r/c) f= 3.22
Minimum film thickness variable=h,/c =0.4

Flow variable= Q/rcN L= 4.33

f = 3.22x0.05/25= 0.0064

Frictional torque= T= fWr = 0.0064x3200x 0.025
=0.512 N-m

Power loss in the Bearing=2u N T/ 1000 kW
= 0.080 kW

h, =0.4x 0.05=0.02 mm

Q/r ¢ N' L= 4.33 from which
we get, Q= 6720.5 mm?®/ sec.

Determination of dimensionless variables is shown in the following figures.
Assume that all the heat generated due to friction is carried away by
the lubricating oil.
Heat generated = 80 watt = mC, T
where:
m= mass flow rate of lubricating oil= pQ in
kg/sec Cp= Specific heat of the oil= 1760 J/kg °C
T= temperature rise of the oil
p= 860x10 kg/mm?®
Substituting the above values,
T=7.9°C
The Average temperature of the oil= T;+T/2 =27+ <7.9/2)>=30.85 °C
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Example 2:

A 50 mm diameter hardened and ground steel journal rotates at 1440 r/min in a lathe
turned bronze bushing which is 50 mm long. For hydrodynamic lubrication, the
minimum oil film thickness should be five times the sum of surface roughness of
journal bearing. The data about machining methods are given below:

Machining method surface Roughness(c.l.a)
Shaft grinding 1.6 micron
Bearing  turning/boring 0.8 micron

The class of fit is H8d8 and the viscosity of the lubricant is 18 cP. Determine the
maximum radial load that the journal can carry and still operate under hydrodynamic
conditions.

Solution:

Min. film thickness = h,=5 [ 0.8+1.6] = 12 micron =

0.012 mm For H8 d8 fit, referring to table of tolerances,
@50 H8 = Min. hole limit =50.000 mm

Max. hole limit = 50.039 mm
Mean hole diameter= 50.0195 mm
@ 50 d8 = Max. shaft size = 50- 0.080= 49.920
mm Min. shaft size = 50- 0.119= 49.881

mm Mean shaft diameter= 49.9005 mm.

Assuming that the process tolerance is centered,

Diametral clearence=50.0195- 49.9005= 0.119 mm

Radial clearence= 0.119/2= 0.0595 mm

ho/c =0.012/0.0595 = 0.2
L/d =50/50=1
From the graph, Sommerfeld number= 0.045

S=(ZN’/p) (r/c)* = 0.045
r/c= 25/0.0595= 420.19

Z= 18 cP= 18x102 Pa.sec
N'=1440/60= 24 r/sec

From the abﬁove equation, Bearing pressure can be calculated.
p=1.71x10" Pa=1.71 MPa.

The load that the bearing can carry:
W=pLd =1.71x 50x 50= 4275 N



Example 3:

The following data are given for a full hydrodynamic journal bearing:
Radial load=25kN
Journal speed=900 r/min.
Unit bearing pressure= 2.5 MPa
(I/d) ratio=1:1
Viscosity of the
lubricant=20cP Class of
fit=H7e7
Calculate: 1.Dimensions of bearing
2. Minimum film thickness and
3. Requirement of oil flow

Solution:

N =900/60= 15 r/sec
P=W/Ld

2.5= 25000/L.d=25000/d >
As L=d.

d= 100 mm & L=100 mm

For H7 e7 fit, referring to table of tolerances,
@100 H7 = Min. hole limit =100.000 mm
Max. hole limit = 100.035 mm
Mean hole diameter= 100.0175 mm
@ 100 e7 = Max. shaft size = 100- 0.072=
99.928
mm Min. shaft size = 100- 0.107=
99.893 mm

Mean shaft diameter=99.9105 mm
Assuming that the process tolerance is centered,
Diametral clearence= 100-0175- 99.9105= 0.107
mm Radial clearence= 0.107/2= 0.0525mm

Assume r/c = 1000 for general bearing applications.

C=r/1000=50/1000 = 0.05 mm.
Z= 20 cP= 20x10° Pa.sec

N'= 15 r/sec 6
P=2.5MPa=25 x10°Pa

S=(ZN’/p) (r/c)*=0.12
For L/d=1 & S=0.12, Minimum Film thickness variable= h,/c = 0.4
ho = 0.4x 0.05= 0.02 mm



Example 4:

A journal bearing has to support a load of 6000N at a speed of 450 r/min. The diameter
of the journal is 100 mm and the length is 150mm.The temperature of the bearing
surface is limited to 50 °C and the ambient temperature is 32 °C. Select a suitable oil to
suit the above conditions.

Solution:

N'= 450/60 =7.5 r/sec, W=6000 N, L=150mm, d=100
mm, ta = 32 °C, tg = 50 °C.
Assume that all the heat generated is dissipated by the bearing.

Use the Mckee’s Equation for the determination of coefficient of friction.
f=Coefficient of friction= K. ( ZN'/p) (r/c) 100 +f

p= W/Ld= 6000/100x150 = 0.4 MPa.
K,=0.195x 10° for a full
bearing f = 0.002
r/c= 1000 assumed
U= 2urN'= 2x3.14x 50x7.5= 2335 mm/sec= 2.335

m/sec, f = 0.195x 10° x (Z * 7.5/ 0.4) x 1000 x 10™*°
+0.002

f=0.3652+0.002

Heat generated= f *W*U
Heat generated= (0.365Z+ 0.002)x6000x2.335

Heat dissipated from a bearing surface is given by:
Ho= Id (T+18)% K3

Where K3= 0.2674x 10° for bearings of heavy construction and well
ventilated = 0.4743x10° for bearings of light construction in
still air air

T=1tg- ta =50-32 =18°C

Hp = 150x100( 18+18)? / 0.2674x10° =72.7 Watt

Hp=Hg for a self contained bearing.

72.7 = (0.365Z+
0.002)x6000x2.335 Z= 0.0087
Pa.Sec.

Relation between oil temp, Amb. temp, & Bearing surface temperature is given
by tg—ta= 12 (to- tA)
to = oil temperature= 68 °C



Select SAE 10 Oil for this application






